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ABSTRACT 

An experimental study on heat transfer during condensation of refrigerant R-134a in 
microchannel tubes was conducted. Investigations were carried out on 3 circular and 6 non-
circular channels. The non-circular channels included barrel, N-shaped, rectangular, square, 
and triangular extruded tubes, and a channel with a corrugated insert that yielded triangular 
microchannels. The hydraulic diameters ranged from 0.424 mm to 1.524 mm. A technique 
that addresses the conflicting requirements imposed by the need for accurate measurement of 
low heat transfer rates and high heat transfer coefficients in microchannel tubes was 
developed. The inlet and outlet qualities to a microchannel test section were measured 
through energy balances on a pre- and post-condenser. The test section was cooled using 
water at a high flow rate to ensure that the condensation side presents the governing thermal 
resistance. Heat exchange with a secondary cooling water stream at a much lower flow rate 
was used to obtain a large temperature difference, which was in tum used to measure the 
condensation duty. The use of these primary and secondary coolant loops resulted in very 
high thermal amplification that enabled the measurement of the low heat duties for local 
condensation in microchannels, while maintaining refrigerant-to-coolant thermal resistance 
ratios as high as 30. Local heat transfer coefficients over the range of mass fluxes 150 < G < 
750 kg/m2-s were measured in small increments for the entire saturated vapor-liquid region, 
spanning several different two-phase flow regimes. 

In the three circular tubes (Dh = 0.506 mm, 0.761 mm, and 1.524 mm), the hydraulic 
diameter did not have a significant influence on heat transfer coefficients for low qualities (x 
< 0.45), whereas the heat transfer coefficient increased as the diameter decreased for higher 
qualities. Data for the barrel (Dh = 0.799 mm), square (Dh = 0.762 mm), and triangular (Dh = 
0.839 mm) extruded tubes and the triangular corrugated insert tube (Dh = 0.732 mm) were 
compared with the data for the circular tube with a similar hydraulic diameter (Dh = 0.761 
mm) to document the effect of channel shape. The triangular extruded and corrugated insert 
tubes have the highest heat transfer coefficients, with the effect of tube shape not being very 
significant for the other tube shapes. 

Flow regime transition criteria proposed by Coleman (2000) were extrapolated to the 
hydraulic diameter range under consideration to determine the prevailing flow regime for a 
given combination of mass flux, quality, and diameter. The data collected in the present 
study were in two flow regimes: intermittent flow and annular flow, with annular flow being 
further subdivided into the annular film and mist flow patterns. Large flow regime overlaps 
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occurred throughout the condensation path, especially as the diameter decreases, indicating 
the existence of multiple flow regimes at a given condition. Only a small portion of the data 
were exclusively in a single flow patterns for all three circular tubes (3.65% of the total 
circular data sets in intermittent, 19.5% in annular, and 12.2% in mist). A small portion of 
the data was in transition regions adjacent to the intermittent flow regime (11 % in 
intermittent/annular and 3.65% in intermittent/annular/mist). However, 50% the circular data 
are in annular/mist transition flow. 

Most of the heat transfer correlations available in the literature were found to over-
predict the data from the present study. In other instances, the trends (i.e., the slope of heat 
transfer versus quality plots) were either much steeper or more gradual than what was 
observed in the present study. Hence, condensation heat transfer models for annular, mist, 
and intermittent flow were developed using the data for both the circular and non-circular 
tubes. Quality-based averaging was u_sed to account for the presence of multiple regimes for 
a given condition. The annular film flow model was an adaptation to the boundary layer 
approach of Traviss et al. (1973), where the present study uses the pressure drop correlation 
of Coleman (2000) to estimate the friction velocity. The mist flow heat transfer coefficient is 
predicted using a constant multiplier (different depending on geometry) to the single-phase 
Nusselt number (Churchill 1977a) based on the vapor-liquid mixture properties. The 
intermittent flow heat transfer coefficient was calculated using a linear interpolation between 
the liquid only and the annular flow heat transfer coefficient at the regime boundary. 

The models predicted 90% of the circular data to within ±25% and 84% of the non-
circular data to within ±30%. These models are expected to be valid for the following range 
of conditions: 0.424 mm< Dh < 1.524 mm, 150 kg/m2-s < G < 750 kg/m2-s, and 1,240 kPa < 
P < 1,725 kPa. 
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CHAPTER ONE: INTRODUCTION 

Conventional arr conditioning equipment utilizes round-tube, plate-fin heat 
exchangers for the condenser and evaporator. The air is blown over the fins to condense or 
evaporate the refrigerant on the tube side. Since the refrigerant is undergoing phase-change, 
the air-side heat transfer coefficient is substantially lower than the refrigerant-side heat 
transfer coefficient. The placement of fins on the air-side counteracts this by increasing the 
effective heat transfer area. Although the heat transfer may still be dominated by the air-side 
resistance, the refrigerant resistance becomes more important as the air-side heat transfer area 
increases. The cost of manufacturing condensers and evaporators constitutes a significant 
portion of the total cost of air-conditioning equipment, and improving the efficiency of these 
devices can significantly reduce cost. Optimization techniques such as varying the number 
of tubes and passes and the fin pitch, height, thickness, and shape have provided some 
improvement in the effectiveness of heat exchange. However, these advances will achieve 
only gradual improvements, and more attention should be focused on the refrigerant-side 
heat transfer geometry. 

Automobile heat exchanger manufacturers have designed compact flat-tube, multi-
louver fin heat exchangers to replace the traditional round-tube, plate-fin condensers and 
evaporators. An example of this type of heat exchanger can be seen in Figure 1. The flat 
tubes offer a lower resistance to air flow, which reduces air-side pumping power 
requirements. The small hydraulic diameter on the refrigerant-side tends to increase the heat 
transfer coefficient, and the multi-louver fins reduce the boundary-layer resistance on the air-
side to increase its heat transfer coefficient. Hence, the overall heat transfer conductance is 
increased. The compactness of this type of heat exchanger allows for higher heat transfer 
areas in a smaller space; thus a larger heat duty can be transferred in a small volume. In 
addition, the refrigerant charge could be reduced by increasing the amount of surface area 
relative to the cross-sectional area. 

Although this type of heat exchanger is being implemented in industry and the 
advantages are known, the two-phase pressure drop and heat transfer mechanisms are not 
very well understood for the small refrigerant tube hydraulic diameters. Pressure drop and 
heat transfer are strong functions of local vapor quality. To accurately design these types of 
heat exchangers for condensation, the variation of the two-phase flow patterns and its effect 
on pressure drop and heat transfer as the refrigerant changes from vapor to liquid needs to be 
understood. Simply using the average characteristics at a vapor quality of 50% could 
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result in serious over- or under-predictions of the pressure drop and heat transfer, thus 
leading to inadequate designs. Hence, accurately representing the local heat transfer and 
pressure drop characteristics using flow regime based correlations is essential for design. 

The type of flow regime established at a given mass flux and quality depends upon 
the relative magnitudes of shear, gravity, and surface tension forces. Recently, Coleman 
(2000) conducted a comprehensive investigation of the effect of hydraulic diameter, tube 
shape, and aspect ratio on two-phase flow regimes. Adiabatic air/water and condensing R-
134a flow visualization tests were conducted on circular tubes ranging in hydraulic diameter 
from 5.5 mm to 1.3 mm and rectangular tubes with hydraulic diameters ranging from 5.36 
mm to 1 mm and aspect ratios between 0.5 to 2. Subsequently, pressure drop tests were 
conducted on 5 sets of circular tubes (0.506 mm < Dh < 4.91 mm) and 7 sets of non-circular 
tube geometries (0.424 mm < Dh < 0.986 mm) to investigate the effect of flow regime on 
pressure drop for small hydraulic diameter tubes. The hydraulic diameter was found to have 
a significant effect on the type of flow regime observed. Flow regime-based correlations for 
pressure drop were developed using the data from flow visualization and pressure drop tests. 

Condensation heat transfer coefficients are expected to be dependent on the type of 

flow regime. In addition, the current literature on condensation heat transfer in large 
diameter tubes may not be applicable to small diameter tubes. Therefore, in this study, the 
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effects of two-phase flow regimes on heat transfer in small diameter circular and non-circular 
tubes were investigated experimentally using the same test facility as in Coleman (2000), 
with some modifications. The focus of this investigation is to measure and model heat 
transfer coefficients during the condensation of refrigerant R-134a in small hydraulic 
diameter (0.424 mm < Dh < 1.524 mm) tubes of circular and non-circular cross-sections. The 
specific objectives of this study are as follows: 
• Determine the local condensation heat transfer coefficients for each set of tubes as a 

function of mass flux (150 kg/m2-s < G < 750 kg/m2-s) and quality (0% < x < 100%) 
• Investigate the effect of hydraulic diameter on the condensation heat transfer coefficient 

for the range 0.424 mm < Dh < 1.524 mm 
• Investigate the effect of tube shape on the condensation heat transfer coefficient 
• Use the results from Coleman (2000) to relate the condensation heat transfer coefficient 

to the corresponding flow regime 
• Compare experimental data with the limited local condensation heat transfer coefficient 

data and correlations in the literature 
• Develop flow regime-based condensation heat transfer coefficient correlations to be used 

in the design of condensers 

The thesis organization is as follows. In Chapter Two, a review of the literature on 
condensation heat transfer is conducted and the deficiencies in the available literature are 
identified. The experimental set-up and procedures for determining the condensation heat 
transfer coefficients are described in Chapter Three. The data analysis techniques are 
discussed and the results of the experiments are presented in Chapter Four. Chapter Five 
consists of comparisons between the literature and the experimental data, and the 
presentation of the flow regime-based heat transfer correlations. Conclusions from this study 
and recommendations for further research are presented in Chapter Six. 
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CHAPTER TWO: LITERATURE REVIEW 

Numerous studies have been conducted by previous investigators on condensation of 
a variety of fluids in different orientations. The literature review presented here will focus 
primarily on studies of condensation inside horizontal tubes that report models and 
correlations for the prediction of heat transfer coefficients. Several researchers have also 
developed theoretical analyses on condensation heat transfer that result in complex numerical 
schemes, while other researches conduct simple non-dimensional analyses and provide 
empirical correlations for predicting their data and those of other investigators. There has 
been success in predicting condensation heat transfer coefficients in larger tubes, but there 
has been very little research on condensation heat transfer in small tubes, especially with 
diameters less than about 7 mm. 

The discussion of the relevant literature is sub-divided into two main sections: 
research on large diameter tubes and research on small diameter tubes. The literature on 
large diameter tubes is further divided into studies on gravity-dominated and shear-
dominated condensation, due to the relatively large body of literature for the larger tubes. 
The purpose of this review is to provide a basis for understanding experimental techniques, 
theoretical analyses, and important observations and conclusions of previous investigators. 
This review therefore provides guidance for the present work, and also helps identify 
deficiencies in the current literature, some of which are addressed in this investigation. 

Previous Research on Large Diameter Tubes 
Gravity-Driven Condensation Heat Transfer 

Much of the early work on condensation heat transfer is based upon the falling film 
condensation analysis by Nusselt (1916). In his pioneering work, Nusselt assumed that a thin 
laminar condensate film formed on an isothermal flat plate with a surface temperature less 
than the saturation temperature, surrounded by a stationary vapor at the saturation 
temperature. The condensate flows under the influence of gravity and the film thickens as it 
moves down the plate. Nusselt further assumed that heat transfer is due to conduction across 
the film only. In addition, he assumed constant film properties, negligible film subcooling, 
and a smooth liquid-vapor interface. After conducting an energy balance around a film 
element and integrating with appropriate relationships for the mass flow rate, the relationship 
for film thickness is found, which is used to derive the following relationship for the average 
Nusselt number along a plate with length L: 
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(1) 

This result provides the foundation for much of the literature on gravity-driven condensation 
heat transfer. 

Rohsenow (1956) presented the solution for the laminar temperature distribution for 
the condensate film in falling-film condensation, which was employed in Rohsenow et al. 
(1956) to account for the non-linearity in film temperature. The analysis was similar to 
Nusselt' s falling film condensation model, except that the net enthalpy change in the fluid 
was accounted for in the energy balance. Therefore, a modified enthalpy of vaporization, as 
shown below, was introduced to account for film subcooling: 

h1v = h1v(1 +0.68 ·Ja1) (2) 

Chato (1962) presented a numerical model for stratified-flow condensation inside 
horizontal and inclined tubes. The results of the model were compared with experimental 
data obtained for air/water flowing inside a 27. 94 mm diameter horizontal tube and for R-113 
condensing inside a 14.53 mm inside diameter tube at various inclinations. The air/water 
experiments had an open discharge at the test section exit, while the refrigerant test section 
was in a closed loop. A similarity solution was developed to determine the condensation heat 
transfer coefficient. The solution depends on the liquid condensate pool thickness, of which 
the subtended angle was modeled based on open-channel hydraulics. Therefore, the outlet 
geometry condition defined the slow-moving liquid pool depth. The model was able to 
predict the outlet pool thickness for turbulent liquid flow, but not as well for laminar flow. 
Using the numerical solution, the measured condensate subtended angle was predicted within 
5 degrees, while the measured heat transfer coefficients were predicted within 15%. In most 
of their tests, the horizontal tube data predicted the mean vapor angle to be within 8 degrees 
of 120 degrees. Thus, the following simplified correlation for the local Nusselt number, 
intended for design purposes, was proposed for the mean vapor angle of 120 degrees: 

Nu= hD = 0.468. K[P1 (P1 -Pv )g · h1v · D3 ]l/4 (3) 
k1 k1 ·µ1(Tsat -Twall) 

The constant K (a correction for the liquid Prandtl number) was presented graphically. Carey 
(1992) suggested that K be approximately 1. 18, which results in replacing 0.468-K with 
0.553. This result for the Nusselt number for condensation inside tubes is very similar to 
Nusselt's (1916) result for falling-film condensation with Rohsenow's (1956) correction for 
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film subcooling. However, the constant multiplier was lower in Chato's analysis, primarily 
due to the increased thermal resistance resulting from the thicker liquid pool condensate at 
the bottom of the tube. 

Rosson and Myers (1965) calculated point values for condensation heat transfer 
coefficients for methanol and acetone condensing inside a 3/8" (9.53 mm) nominal stainless 
steel pipe. The experiments were conducted so that the heat flux and wall temperature 
difference were directly measured via an electrical circuit. For nearly all of the data, 
stratified flow was observed. The local data were integrated around the tube and compared 
with data separately obtained from heat balances. The agreement between these methods 
was reasonable. The authors noted that the condensation heat transfer coefficient decreased 
linearly from the top portion to a point where an approximately constant value was achieved. 
Based on this result, a Nusselt-type correlation was derived. For the top portion of the tube, 
Nusselt 's falling film analysis was used, with the constant replaced by a function of the vapor 
Reynolds number to account for vapor shear as follows: 

Nu =0.31-Ree.12[P1(P1 -pv)g·h1v ·D3]1/4 
k1 · µI (Tsat -Twall) 

(4) 

For the bottom portion of the tube, the liquid pool heat transfer was not neglected and the von 
Karman analogy between heat transfer and momentum was used. By assuming the wall 
shear was approximately equal to the buffer layer shear and that the ratio of heat and 
momentum eddy diffusivities was 1, a relationship between the Nusselt number and wall 
shear stress was obtained. After assuming that the average shear was equal to the local shear 
and employing the Lockhart and Martinelli (1949) method for shear stress, the following 
Nusselt number correlation for the bottom portion of the tube was obtained: 

<l>iv1.J8 Re1 Nu=--------
5 + 5Pr1-1 In(l +5Pr1) 

(5) 

They also defined a parameter to linearly interpolate between the upper and lower Nusselt 
number correlations. The results from this correlation were compared with the experimental 
results. For a 90% confidence interval, the overall, top, and bottom correlations predicted the 
data within ±36%, ±27%, ±41 %, respectively. 

Rufer and Kezios (1966) developed an analytical model using an approach similar to 
that of Chato ( 1962) for condensing stratified flow inside horizontal and tilted tubes. They 
proposed that film condensation, which was gravity-driven, occurs at the top portion of the 
tube and continued until the liquid pool condensate was reached at the bottom of the tube. 
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The model developed a relationship between the simplified one-dimensional conservation 
equations to track the angle subtended from the top of the tube to the height of the liquid 
pool. The condensation heat transfer coefficient was determined by the relationship 
proposed by Hassan and Jakob (1958) for Nusselt-type film condensation inside an infinitely 
long tube at an arbitrary tube inclination. The one-dimensional energy balance also included 
the effect of film subcooling, as proposed by Rohsenow ( 1956). The model employed by 
Dukler et al. (1962) was used for calculating the pressure drop for the two-phase mixture. 
Finally, a relationship for the slope of the flow-level angle was derived, which was used to 
calculate the flow level throughout the condensation process. The film condensate appeared 
to have a very steep rise in depth near the entrance. Downstream of this, the liquid pool 
thickness was relatively constant until the end of the condensation process. The results of 
this analysis agreed well with models of other investigators, and also with some experimental 
data (Rufer 1965) obtained on the liquid pool depth. This model, however, differed from that 
presented by Chato (1962), who used open channel hydraulics to develop a relationship for 
the liquid pool height. In the Rufer and Kezios model, the outlet condition/geometry does 
not affect the upstream liquid pool thickness. No heat transfer data were presented in 
conjunction with the analysis. Hence, the results of this research were primarily intended to 
modify the liquid pool depth analysis by Chato (1962). 

Jaster and Kosky (1976) performed experiments on condensing steam inside a 12.5 
mm horizontal tube. Coupled with the experimental results from Kosky and Staub ( 1971 ), 
the mass flux ranged from 12.6 to 145 kg/m2-s, and the authors viewed three different flow 
regimes: annular, transition, and stratified. By defining a shear-to-gravity stress ratio and 
comparing it with their experimental data, they were able to determine the progressions from 
annular to transition flow and from transition to stratified flow. The authors also presented 
annular and stratified flow correlations. Jaster and Kosky (1976) developed the annular flow 
correlation from the Martinelli analogy modified by Kosky and Staub (1971). The stratified 
correlation was a simplified model of Rufer and Kezios (1966), which accounted for only the 
film condensation and neglected the liquid pool heat transfer. The result was similar to that 
of the traditional Nusselt analysis, but multiplied by a different constant (0. 725) and Zivi's 
(1964) correlation for void fraction raised to the¾ power. The transition region was a linear 
interpolation between the annular and stratified regimes based upon the stress ratio. From 
the comparison between experimental and predicted Nusselt numbers, the authors concluded 
that the transition flow correlation resulted in errors on the same order of magnitude as the 
correlations for other flow regimes. 

Chen and Kocamustafaogullari (1987) presented a numerical model for stratified 
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condensation inside a smooth horizontal tube. In the model, the authors assumed that the 
wall temperature was constant. Similar to other authors, a condensate film formed on the top 
portion of the tube and drained to a condensate pool on the bottom, where it moved axially. 
The continuity, momentum, and energy equations were applied to the vapor core, laminar 
falling film, and condensate pool. The accumulation of condensate along the axial direction 
was accounted for, and the heat transfer coefficients were calculated for the laminar falling 
film and the condensate pool, with the total heat transfer coefficient being a function of both 
of these and the subtended liquid pool level angle. The film heat transfer coefficient was an 
integrated average of the local value, which was calculated from the numerically determined 
film thickness. The condensate pool heat transfer was found by using the Rosson and Myers 
( 1965) method, which is based upon the von Karman analogy between momentum and heat 
transfer. This method was compared with an existing condensation heat transfer database, 
which includes diameters ranging from 10.8 to 16.6 mm. The fluids included R-12, R-113, 
water, methanol, acetone, and propane. This numerical procedure predicted all of the data 
within 30%, while the average deviation was 15.5%. Using results from the numerical 
solution, a simple correlation for the average Nusselt number as a function of the Kutateladze 
number (i.e. sensible to latent heat ratio), Prandtl number, Galileo number, LID, and 
dimensionless interfacial shear was also developed. The resulting correlation was within 
2.8% of the numerical solution, and can be used as an acceptable substitute. This correlation 
also predicted the data to within an average deviation of 16.2%. 

Tien et al. ( 1988) conducted an experimental investigation ·of condensation inside a 
14.2 mm vertical tube for liquid-vapor co-current flow. The experiments were conducted for 
a mass flux range of 122.7 to 660.8 kg/m2-s. Local condensation heat transfer coefficients 
and flow patterns were determined as a function of local vapor quality and mass flux. Two 
flow patterns were identified: annular and non-annular (slug, plug, and churn flow). Annular 
film condensation occurred at high mass fluxes and qualities, while non-annular flow existed 
at low mass fluxes and qualities. A general annular flow condensation model that 
asymptotically approached falling-film and shear-driven condensation limits was developed. 
This is the same analysis presented in Chen et al. (1987), which is explained subsequently. A 
vertical non-annular flow model was also developed. Tien et al. ( 1988) stated that the slug 
unit consisted of the liquid slug and the vapor bubble, which was surrounded by a slow-
moving circumferentially uniform liquid film. They assumed that the void fraction of the 
liquid slug was zero, that the mixing zone at the front of the slug did not enhance heat 
transfer significantly, and that the liquid film around the vapor bubble was thin compared to 
the tube radius. Therefore, the heat transfer coefficient in the slug unit was a time-average of 
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the liquid slug convective heat transfer coefficient and the vapor bubble condensation heat 
transfer coefficient. The liquid slug heat transfer coefficient was determined from the Dittus-
Boelter correlation. In the vapor bubble region, they derived the heat transfer coefficients for 
laminar and turbulent liquid films using a Nusselt falling film analysis and an analogous heat 
transfer factor, respectively. In turbulent film flow, they employed a Fanning friction factor 
for determining the wall shear stress. The condensation heat transfer coefficient for the 
bubble/film region was found using the definitions of the analogous heat transfer factor and 
slip ratio (vapor to liquid velocity ratio) and mass balances on the liquid and vapor phases. 
Tien et al. ( 1988) also determined a general condensation heat transfer coefficient correlation 
that included the non-annular effects. This heat transfer coefficient was an average of the 
annular bubble/film region (with the asympototic limits) and the liguid slug heat transfer 
coefficients. The resulting correlation predicted their data well, except at high qualities, 
where mist flow is most likely to exist. 

In addition to the vertical condensation model, Tien et al. ( 1988) also presented a 
horizontal flow model for annular and non-annular flows. For annular flow, the model 
developed by Chen et al. ( 1987) for horizontal flow was used. This is the same as the 
vertical model, but the gravity effects were neglected. In the non-annular flow model, Tien 
et al. ( 1988) expected the bubble/film region to be stratified, unlike the annular flow assumed 
for vertical flow. Using the continuity relationships and the momentum balances on each 
phase, the angle subtended to the liquid level and the vapor bubble length fraction of the slug 
unit were found. For the stratified condensation heat transfer coefficient, thin film 
condensation on the upper tube was modeled using a modified Nusselt approach, while a von 
Karman heat transfer and momentum analogy was used to find the liquid pool convective 
heat transfer, similar to the method of Rosson and Myers (1965). The results compared well 
with the data of Myers and Rosson ( 1961 ), who determined local condensation heat transfer 
data for methanol at low mass fluxes inside horizontal tubes. 

Singh et al. (1996) presented data and an empirical model for local condensation heat 
transfer coefficients inside smooth horizontal tubes for stratified-wavy flow. The data were 
collected for R-134a condensing inside a 10.92 mm tube for a mass flux range of 50 to 300 
kg/m2-s. They found that the Traviss et al. (1973), Shah (1979), Dobson et al. (1994), Chato 
(1962), and Akers et al. (1959) correlations underpredicted the data. Therefore, they 
proposed a correlation that uses the Chato ( 1962) correlation for the top portion of the tube 
(i.e. film condensation). For the forced-convective heat transfer through the condensate at 
the bottom portion of the tube, they used a two-phase multiplier correction to the Gnielinski 
(1979) single-phase correlation for Re > 2300 and a modification of the Dittus-Boelter 
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correlation for Re < 2300. In their model, data were assigned to the stratified-wavy regime 
based on the modified Froude number criterion in Dobson et al. (1994), which states that 
stratified-wavy flow occurs for Fr< 7. Their correlation predicted the data to within ±7.5%. 
(However, it should be noted that the experimental uncertainty was ±9.3%.) 

More recently, Guo and Anand (2000) presented an analytical model for predicting 
the heat transfer coefficient for R-410a (50/50 mixture of R-32 and R-125) condensing in a 
12.7 mm x 25.4 mm horizontal rectangular channel, with the long side vertical. The 
experimental data encompassed mass fluxes ranging from 30 to 2200 kg/m2 -s. The model 
was specifically designed for the stratified-wavy flow regime. The heat transfer coefficient 
was the area-weighted average of the top, bottom, and vertical wall heat transfer coefficients. 
For the top wall, the von Karman analogy between heat transfer and momentum was used. 
The authors noted that the Lockhart and Martinelli ( 1949) method for determining the 
interfacial shear stress allowed for good agreement with the data. Hence, a Nusselt number 
correlation was developed for the top wall that incorporated the two-phase multiplier and 
superficial friction factor for the liquid phase. The vertical wall heat transfer was modeled 
numerically. The Nusselt falling film method was adopted, but the analysis included the 
effect of vapor shear. A mass balance was conducted across a two-dimensional element 
(vertical and horizontal axes), which was implemented into an integral for the heat flux. The 
resulting quasi-linear, first-order partial differential equation was solved numerically to get 
the film thickness as a function of the horizontal and vertical directions. This result was 
integrated over both walls to get the average heat transfer coefficient for the vertical walls. 
The heat transfer through the bottom wall was assumed to be due to conduction. The liquid 
pool at the bottom of the tube accumulated due to the gravitational movement of the vertical 
falling films. The results from this model were compared with the experimental data of Guo 
(1998). The mean deviation between the experimental and predicted values was 6.75%, 
which they stated was better agreement than the correlations of Rosson and Myers (1965) 
and Dobson and Chato (1998). 

Shear-Driven Condensation Heat Transfer 
Carpenter and Colburn ( 1951) obtained experimental data for local and average heat 

transfer coefficients for the condensation of steam, methanol, ethanol, toluene, and 
trichloroethylene inside a vertical 11.66 mm ID tube. The data were compared with the 
Nusselt (1916) equation, which underpredicted the values due to the effect of vapor friction. 
Carpenter and Colburn stated that the thin condensate layer for annular flow might become 
turbulent at very low liquid Reynolds numbers (the authors suggest 240). The forces acting 
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upon this condensate layer were vapor friction, gravity, and the momentum change due to 
condensation. Using the von Karman universal velocity profile for the liquid film, a 
relationship for the local condensation heat transfer coefficient was derived, which was a 
function of the film thickness (i.e. the laminar sublayer thickness), fluid properties, and the 
sum of the forces acting on the condensate. The gravity force was deemed to be unimportant, 
which is the case for annular flow. The vapor friction force was determined from an 
equivalent vapor friction factor, which was higher than for single-phase flow due to the 
presence of the liquid film. The resulting correlation predicted their data well. The authors 
also developed a separate correlation for a laminar condensate film with a linear velocity 
profile. Hence, the condensation process was divided into three different regions: laminar 
condensate entrance region, turbulent condensate, and laminar vapor exit region (where a 
Nusselt analysis was more appropriate). 

Akers and Rosson ( 1960) developed three different experimentally validated heat 
transfer correlations for condensation inside horizontal tubes for "semistratified" flow 
(annular condensation and run down superimposed on stratified flow), laminar annular flow, 
and turbulent annular flow. Local values of the condensation heat transfer coefficient were 
determined experimentally for methanol and R-12 flowing inside a 15.88 mm horizontal 
tube. For liquid Reynolds numbers below 5,000, the heat transfer coefficient was a function 
of the Prandtl number, vapor Reynolds number, and thermal potential (i.e. wall temperature 
difference). For this region, the constant multiplier for the Nusselt number was determined 
from the experimental data. This constant and the exponent for vapor Reynolds number were 
different for vapor Reynolds numbers above and below 20,000. For turbulent liquid films, 
the correlation developed by Akers et al. ( 1959), which neglected the wall temperature 
difference, was employed. Akers et al. (1959) defined an all-liquid flow rate that provided 
the same heat transfer coefficient for condensing annular flow. This all-liquid flow rate was 
expressed by an "equivalent" mass flux, which was used to define an equivalent Reynolds 
number. This equivalent Reynolds number was substituted in a single-phase heat transfer 
equation, which was a function of the liquid Prandtl and Reynolds numbers, to predict the 
two-phase condensation Nusselt number. The authors reported an average deviation between 
this correlation and the experimental data of less than 5% with a maximum deviation of 20%. 

Boyko and Kruzhilin ( 1967) presented a modification to the work of Ananiev et al. 
(1961 ), which stated that the condensation heat transfer coefficient was equal to Mikheev's 
(1956) formula for single phase heat transfer multiplied by the square root of the ratio of 
condensate density to homogenous density. Experimental data from Miropolsky (1962) for 
the condensation of steam inside 18 mm diameter stainless steel and copper tubes were used 
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to evaluate the correlation. Based on this comparison, they proposed a modification for the 
constant multiplier used in Miropolsky' s formula, but a different one for each type of tube. 
This correlation predicted the data within ±20%. As noted by Carey (1992), the fact that 
different constants were required for different tube-fluid combinations may reduce the 
usefulness of the correlation. 

Soliman et al. ( 1968) developed a model for predicting the condensation heat transfer 
coefficient for annular flow. This paper was a correction of the previous work by Carpenter 
and Colburn (1951 ), who apparently incorrectly accounted for the momentum contribution to 
the wall shear stress. Soliman et al. ( 1968) and Carpenter and Colburn ( 1951) both 
concluded that the wall shear stress was the sum of the contributions due to friction, 
momentum, and gravity. Soliman et al. (1968) performed momentum balances around the 
vapor core and the liquid film. By neglecting the vapor and liquid cross-section changes in 
the axial direction and assuming no slip at the interface, they obtained the relationships 
between wall shear stress and the friction, momentum, and gravity contributions. They 
determined the friction contribution by using the Lockhart and Martinelli (1949) pressure 
gradient correlation. The momentum contribution accounted for the momentum changes in 
the vapor core and liquid film. They also included the change in momentum due to the vapor 
condensing into the film, i.e. due to the decrease from the vapor velocity to the liquid film 
velocity. They used the Zivi ( 1964) correlation for void fraction, and assumed that the 
quality changed linearly with axial position. After calculations were made on a tube with 
some inclination (the value was not specified), they noticed that the friction contribution was 
important at high-to-intermediate qualities. The momentum contribution became 
increasingly important for high density ratios, and could dominate at low qualities. This is 
especially the case for horizontal flows, where no gravity contribution exists. In addition, the 
gravity term was negligible at high qualities, but it increased in significance as the film 
thickness increased (i.e. at low qualities). Soliman et al. (1968) used the form proposed by 
Carpenter and Colburn (1951) for the condensation heat transfer coefficient and the relation 
developed for wall shear stress, and their own experimental data, to find the Prandtl number 
exponent and multiplication constants. The fluids used were steam, R-113, ethanol, 
methanol, toluene, trichloroethylene, and R-22, while the diameters ranged from 7.44 to 
11.66 mm for tubes in vertical and horizontal orientations. The resulting correlation agreed 
well with the data, although no numbers were given. 

Traviss et al. (1973) presented a force-convective Nusselt number model for annular 
flow condensation using a boundary layer approach. The results were compared with 
experiments conducted on R-12 and R-22 condensing in an 8 mm tube. The analogy 
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between heat transfer and momentum was applied using the von Karman universal velocity 
distribution in the liquid film. The interfacial and vapor temperatures were assumed to be at 
the saturation temperature. Assuming that the liquid film was thin compared to the tube 
length, flat plate flow was assumed to be valid. The eddy diffusivity ratio (i.e. the turbulent 
Prandtl number) was assumed to be unity, and the heat flux at the interface was assumed to 
approximately equal the wall heat flux. Using the assumed liquid velocity profile, a 
relationship for the condensation heat transfer coefficient was determined as a function of the 
turbulent film thickness. They then derived a relationship for the liquid Reynolds number as 
a function of this film thickness. By arguing that the interfacial shear to wall shear ratio was 
approximately unity, the final relationship for the condensation heat transfer coefficient was 
found. The data collected included the mass flux range of 161 to 1533 kg/m2-s. Agreement 
with the experimental data was good for qualities as low as 0.1, and the quality range from 0 
to 0.1 was predicted well by conducting a linear interpolation between this model and a 
single phase heat transfer correlation. When the turbulent Martinelli parameter was below 
0.155, the correlation had good results. However, for Martinelli parameters above 0.155, 
most likely a mist flow (high quality and mass flux) condition, the experimental data were 
underpredicted by the correlation. A correction factor was proposed to improve predictions 
in this area. 

Cavallini and Zecchin (1974) presented an analytical model as well as a simple 
dimensionless correlation for forced-convective condensation inside smooth horizontal tubes. 
The results of the analyses were compared with data gathered for the condensation of R-11, 
R-22, and R-114 inside horizontal tubes. The range of tube diameters was not specified. The 
idealized annular flow model was assumed with a uniform film thickness around the vapor 
core. The von Karman universal velocity profile was employed on the liquid film and the 
analogy between heat transfer and momentum was used. The dimensionless film thickness 
was found as a function of the liquid Reynolds number. The wall shear stress was assumed 
to be equivalent to the sum of the adiabatic two-phase shear calculated from the Lockhart and 
Martinelli ( 1949) method, and the product of the vapor velocity and condensing mass flux 
(i.e. the change in momentum due to condensation). The interfacial shear stress was 
determined from the momentum equation applied to the annular film. In addition, a 
dimensionless correlation was developed from the data as a function of the density ratio, 
viscosity ratio, sensible to latent heat ratio, Reynolds number, Prandtl number, Froude 
number, and the "quality group," which includes the density ratio. The dimensionless 
correlation was further simplified by including only the Reynolds number, quality group, and 
Prandtl number terms. The more comprehensive dimensionless correlation predicted the 
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results from the theoretical analysis to within a standard deviation of 9.9%, while the 
simplified version had a standard deviation of 13.7%. Most of the experimental data were 
predicted by all three methods to within a standard deviation of 24%. 

Shah (1979) developed a dimensionless correlation for calculating local heat transfer 
coefficients during film condensation. Based on his previous work on evaporative heat 
transfer (Shah, 1976), he assumed that film condensation heat transfer was similar to 
evaporation without nucleate boiling, as long as the tube was completely wetted during 
condensation. Since the evaporation correlation was based on a two-phase multiplier 
approach, the author simply used a large set of condensation data (474 data points from 21 
different investigators) to develop a new two-phase multiplier for condensation. The range 
of fluids included water, R-11, R-12, R-22, R-113, methanol, ethanol, benzene, toluene, and 
trichloroethylene condensing inside horizontal and vertical tubes, as well as an annulus. The 
mass fluxes ranged from 11 to 211 kg/m2 -s for tube diameters between 7 and 40 mm and for 
condensation of vapor qualities between 0% and 100%. The author noted that the correlation 
should only be valid for the operating ranges of the data considered and for the reduced 
pressure range 0.002 to 0.44. This correlation predicted all of the data to within an average 
deviation of ±17%. Some noticeable discrepancies included the underprediction of the data 
at high qualities (85% to 100% ), which could be due to entrance or entrainment effects. The 
author also restricted the use of this correlation for liquid Reynolds numbers above 350, due 
to the limited low Reynolds number data. He also cautioned that the experimental data from 
these various sources could have high uncertainties for various reasons, including low 
coolant temperature difference and the uncertainty of quality estimation. 

Soliman (1986) developed a heat transfer correlation for condensation in annular-mist 
flow. The mist flow pattern usually existed at high mass fluxes and occurred over a large 
range of qualities. The high vapor flow, which causes high interfacial shear, disables the 
formation of a thin liquid film and causes high liquid entrainment. By using the modified 
Weber number, which accounts for the vapor inertia, liquid viscosity, and surface tension 
forces, Soliman (1983) showed that the flow was always in the mist region when We> 30 
and always annular for We< 20. Since the film was thinned by the vapor, the heat transfer 
coefficient was proposed to be higher for mist flow than for annular flow. Soliman (1986) 
compared the correlation of Akers et al. ( 1959) with data from a variety of horizontal and 
vertical tube data sets, which included steam, R-113, and R-12 condensing inside tubes 
ranging in diameter from 7.4 to 12. 7 mm. He found that although the Akers correlation was 
successful in predicting the data for We > 20, the data were seriously underpredicted by this 
correlation for We > 30. This was consistent with his annular-to-mist transition criterion 
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(Soliman, 1983). He also compared the data from Akers et al. (1959) to the correlation 
developed by Traviss et al. (1973), which he found overpredicted nearly all of the data, and 
attributed it to property effects. Based on these observations, Soliman ( 1986) presented an 
empirical correlation using the homogenous flow assumption for the mist flow regime. The 
analogy between heat transfer and momentum transfer for single-phase turbulent flow was 
used as a starting point. Thereafter, the effect of wall temperature difference was accounted 
for, which resulted in a correlation (valid for We > 30) that had a ±20% deviation from the 
mist flow heat transfer data. 

Chen et al. ( 1987) developed a film condensation heat transfer correlation based on 
analytical and empirical approaches. The authors used cocurrent liquid-vapor condensation 
data for vertical downward flow inside a 30 mm tube. Using the results from the study by 
Chun and Seban ( 1971) on laminar film condensation with a wavy interface, the study by 
Blangetti and Schlunder (1978) on vertical tube condensation, and the study by Soliman et al. 
( 1968) for film condensation with high interfacial shear stress as asymptotic relationships, 
the general film condensation heat transfer coefficient correlation was developed as a 
function of the dimensionless interfacial shear stress. The vertical tube correlation was 
developed using Dukler's ( 1960) relation for dimensionless shear stress in adiabatic two-
phase annular flow. Since condensation inside horizontal tubes for annular flow is 
dominated only by vapor shear, the gravity terms in the vertical tube correlation were 
neglected to provide the horizontal tube correlation. The authors stated that this local Nusselt 
number correlation should only be used for annular flow, which does not include mist flow 
(high entrainment, thin film). However, a comparison of the horizontal tube correlation with 
horizontal flow data was not presented. 

Nitheanandan et al. ( 1990) presented a comparison of several heat transfer coefficient 
correlations with existing condensation data for flow inside horizontal tubes with the 
intention of developing a more accurate approach to the design of condensers using flow 
regime criteria. The existing heat transfer database included R-12, R-113, and steam 
condensing inside tubes with diameters ranging from 7.4 to 15.9 mm. The type of flow was 
divided into three regimes: wavy, annular, and mist flow. The transition from wavy to 
annular and mist flows was determined using a constant Froude number criterion similar to 
that of Soliman (1982), which Nitheanandan et al. (1990) established to be at Fr= 7 from an 
analysis of their data. The transition from annular to mist flow was determined from the 
Weber number defined by Soliman (1986), but they chose a Weber number of 40 instead of 
30 (which was used by Soliman (1986)) for this transition. For the mist flow regime, the 
Soliman (1986) correlation predicted 83% of the mist flow database to within ±30%, which 
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was better than any other correlation. For the annular flow regime, the Shah ( 1979) 
correlation predicted 63% of the annular flow database to within ±30%, which was slightly 
better than the Akers and Rosson ( 1960) correlation. The Akers and Rosson ( 1960) 
correlation predicted 77% of the wavy flow data to within ±30%, which was the best 
predictor. These three correlations coupled with the transition criteria were recommended 
for design, and were compared with the heat transfer database. The majority of the data, as 
expected, were predicted by this method to within ±30%, with a maximum deviation of 50%. 

Ibrahim ( 1994) developed a numerical model for predicting the local condensation 
heat transfer coefficient. The model assumes the following: annular flow with no 
entrainment, vapor and liquid flows are turbulent, constant properties, negligible heat 
dissipation, negligible angular and axial heat conduction, and also that the interface and 
saturation temperatures are equal. He solves a non-dimensional form of the energy equation, 
coupled with a Lockhart and Martinelli (1949) method for calculating the pressure drop. The 
condensation heat transfer coefficient is calculated from conduction across the liquid film. 
The finite-difference method compares the results for three liquid film models: turbulent 
mixing length model, turbulent mixing length model with Van Driest damping, and a laminar 
liquid film. The model was compared with the experimental data presented by Abis (1969), 
which was for R-12 condensing inside a 12.7 mm horizontal tube. The Van Driest damping 
function included in the mixing length turbulent model for the laminar liquid sublayer 
predicted the data better than a laminar liquid film or the original mixing length model. 

Chitti and Anand ( 1995) presented an analytical model for condensation heat transfer 
coefficients inside smooth horizontal round tubes. The results were compared with 
experimental data gathered for R-22 condensing inside an 8 mm horizontal tube. The 
numerical model included the following simplifying assumptions: annular flow, film 
condensation through a thin, circumferentially uniform liquid film, negligible liquid 
entrainment in the vapor core, steady turbulent flow in the liquid film, constant properties in 
the liquid film with negligible film subcooling, and saturated vapor temperature. Since the 
film was assumed to be turbulent, the universal law of the wall velocity profile was used. A 
numerical procedure was developed to obtain the non-dimensional film thickness and the 
condensation heat transfer coefficient. They noted that the non-dimensional film thickness 
decreased linearly with quality, but the actual film thickness decreased non-linearly. This 
showed that the increased resistance to heat transfer was greater at lower qualities, which was 
borne out by the data, except for the lowest mass flux, where the heat transfer coefficient 
decrease was more gradual and the flow regime was probably stratified-wavy as opposed to 
annular. In addition, the local heat transfer coefficient decreased rapidly for qualities less 
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than 50%, except for the lowest mass flux. The authors also compared this method for 
calculating the local condensation heat transfer coefficient, along with the correlations of 
Akers et al. (1959), Boyko and Kruzhilin (1967), Shah (1981), and Traviss et al. (1973), to 
their experimental data. The data were underpredicted by Akers et al. ( 1959) at high mass 
fluxes, with an overall mean deviation of 21.5%. The experimental data were also 
underpredicted by the Boyko and Kruzhilin ( 1967) correlation for all mass fluxes, with a 
mean deviation of 26.2%. The Shah (1981) and Traviss et al. (1973) correlations predicted 
the data well and with mean deviations of 13.3% and 14.6%, respectively. The model 
developed by Chitti and Anand (1995) predicted the data within a mean deviation of 15.3%, 
with most data within ±25%. 

Chitti and Anand ( 1996a) presented condensation heat transfer coefficient data for an 
R-32/R-125 mixture (50/50 by weight) with oil concentrations of 0%, 2.6%, and 5.35%, and 
pure R-22 condensing inside an 8 mm horizontal tube. The results were plotted on a Taitel 
and Dukler map, which showed that most of the data were in the annular regime. They 
studied the effects of condensing temperature as well as mass flux on the heat transfer 
coefficient. The heat transfer coefficient increased with quality, and the results agreed well 
with the Shah (1981) and Traviss et al. (1973) correlations, but not with the correlations 
developed by Akers et al. (1959) and Boyko and Kruzhilin (1967). However, at a mass flux 
of 208 kg/m2-s, the Shah (1981) and Traviss et al. (1973) correlations deviated from the 
experimental data by as much as 50% at the lowest quality. As the mass flux was increased 
to 392 kg/m2-s, the predictions were much closer. The authors attributed these observations 
to the closeness to the stratified-wavy to annular transition. As the vapor shear increased, 
which is the case at the high mass flux, it is more likely that the flow is annular. In addition, 
from their analysis, Chitti and Anand (1996a) believe that the effect of condensing 
temperature on the heat transfer coefficient will be minimal ( ~ 10%) for refrigerants much 
below the critical temperature. Moreover, the authors state that the mass flux is the dominant 
factor affecting the condensation heat transfer coefficient. Chitti and Anand (1996a) also 
conducted a non-dimensional Nusselt number analysis for the 4 data sets (R-22, and R-32/R-
125 with oil concentrations of 0%, 2.6%, and 5.37%). The parameters they included were as 
follows: flow rate, latent heat of condensation, geometry, liquid and vapor viscosity, density, 
specific heat and conductivity, liquid film subcooling, and film thickness. The last two 
parameters were related to the heat conduction across the film. The remaining parameters 
were absorbed in the liquid Reynolds and Prandtl numbers. Using these parameters, they 
developed a correlation that showed an average deviation of 8.8% from the data. 

In a subsequent paper, Chitti and Anand (1996b) developed a population balance 
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model with the homogeneous flow assumption for predicting the forced-convective 
condensation heat transfer coefficient. The results from the model were compared with data 
gathered for the 4 data sets (R-22, and R-32/R-125 with oil concentrations of 0%, 2.6%, and 
5.37%) mentioned previously in Chitti and Anand (1996a). The model was based upon the 
approach demonstrated by Lin (1979). The following simplifying assumptions were used: 
homogeneous flow (liquid-vapor "packets"), a packet is initially at Tbu1k when it contacts the 
cold wall, the packet has "mean" fluid properties, the packet exchanges heat with the wall 
during contact time and is then replaced by another packet, and expressions for the 
distribution function and mean residence time were given by Lin (1979). The authors also 
assumed that heat was transferred from the wall to some thickness from the wall, where the 
mean flow was at the bulk temperature. By assuming the heat was transferred during the 
contact time by conduction only, the one-dimensional heat conduction equation (with a 
"mean" thermal diffusivity) was solved for the temperature profile in the y-direction (a 
pseudo-radial direction). Using this solution, multiplying it by the distribution function, and 
integrating with respect to time from the initial condition to infinity resulted in an expression 
for the mean heat flux, which in tum means the heat transfer coefficient, as a function of the 
mean residence time. Now, the mean residence time was directly proportional to the 
condensation length and inversely proportional to the mean velocity. The mean flow velocity 
was assumed to be a function of the flow rate, flow diameter, mean density, and the average 
size of the packet. In tum, the mean velocity varies because the packet size (or, equivalently, 
the liquid condensate area) varies with local quality. Lin (1979), however, assumed that the 
velocities of the two phases were approximately the same due to vigorous mixing by static 
mixers, and this velocity could be determined from the volumetric flow rate and density of 
the condensate film. An energy balance at the surface was used to find an expression for the 
average packet size, and was then substituted into the mean velocity and residence time 
equations. Hence, an expression for the Nusselt number was defined as a function of the 
mean Prandtl and Reynolds number, geometry, sensible and latent heat exchange, and the 
wall-bulk temperature difference. The Nusselt number relationship with the data was found 
by fitting a straight line: Nu = C~ + b. was the combination of the parameters in the 
derived Nusselt number equation, while band C were the intercept and slope, respectively. 
The results are only valid for 150 < G < 500 kg/m2-s. This model predicts most of the R-22 
data to within ±20% with an average deviation of ±16.4%. The pure R-32/R-125 data were 
predicted with an average error of 12.1 %, while the data for 2.6% and 5.37% oil 
concentrations were predicted, on average, within 13.1 % and 10.3%, respectively. For the R-
22 data, the model seems to overpredict the heat transfer coefficient for high G, but it was 



www.manaraa.com

19 

still within experimental uncertainty. For all of the R-32/R-125 data sets, the heat transfer 
coefficient was underpredicted below G = 200 kg/m2-s and overpredicted above G = 350 
kg/m2 -s. Good agreement with the data was achieved between these flow rates. Hence, the 
model was assumed to be valid for mass fluxes between 250 and 350 kg/m2 -s and qualities 
between 0.3 and 0. 7. 

Previous Research on Small Diameter Tubes 
The papers reviewed thus far have included both gravity-driven and shear-driven heat 

transfer investigations. Those investigations studied condensation heat transfer inside tubes 
with larger diameters (i.e. 7 to 50 mm) than those investigated in the present study (0.424 
mm < Dh < 1.524 mm). In this section, the somewhat limited literature on tubes with 
diameters less than 7 mm is discussed. 

Breber et al. ( 1980) compiled flow pattern data from a variety of sources and 
developed a simple methodology to predict flow regimes during condensation based on the 
flow regime map of Taite} and Dukler. The fluids include R-12, R-113, steam (adiabatic 
test), R-11, and n-Pentane, while the tube diameters ranged from 4.8 to 50.8 mm. The four 
basic flow "zones" identified were: annular and mist-annular, bubble, wavy and stratified, 
and intermittent (slug and plug). Good agreement was found between the data and the Taitel-
Dukler map for tube diameters ranging from 8 to 22 mm, but there was poor agreement for 
the 4.8 mm tube data. Their simplified flow regime map was developed with dimensionless 
gas velocity on the ordinate and the Martinelli parameter on the abscissa. The transitions in 
this map are vertical and horizontal bands instead of the distinct lines found in many other 
flow-regime maps. They recommend a Nusselt type heat transfer correlation for the wavy 
and stratified zone, while the Traviss et al. (1973) correlation was recommended for all other 
zones, including the intermittent zone. 

Dobson et al. (1994) presented condensation heat transfer data for R-12 and R-134a 
flowing inside a 4.57 mm horizontal tube. The condensing mass flux ranged from 75 to 600 
kg/m2-s. The flow regimes observed in this study are as follows: wavy, annular, and annular-
mist flow. Dobson et al. (1994) based the transition from wavy to annular flow upon the 
Froude number transition proposed by Soliman (1982), which examined the relative 
magnitudes of the vapor and gravity forces on the liquid film. They stated that a Froude 
number of 18 corresponded to this transition. The modified Weber number criterion (We= 
30) proposed by Soliman ( 1986) was used as the transition from annular to mist-annular 
flow. This transition was found by comparing the vapor shear with the liquid viscosity and 
surface tension forces. The condensation heat transfer coefficient was found to be 
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proportional to the wall-to-refrigerant temperature difference raised to the 0.25 power. This 
was consistent with the findings of Chato (1962). Dobson et al. (1994) also provided semi-
empirical correlations for the wavy and annular flow regimes. The wavy regime correlation 
was based on the correlation developed by Chato (1962) with the constant 0.55 replaced by a 
function of Martinelli parameter to account for the variation of void fraction with quality. 
This correlation predicted the wavy flow data to within a mean absolute deviation of 8.9%. 
The annular flow correlation was the Dittus-Boelter single-phase correlation multiplied by a 
function of the Martinelli parameter, which stems from the analogy between momentum and 
heat transfer. This correlation predicted the annular flow data to within a mean absolute 
deviation of 7%. The correlations of Chen et al. (1987), Cavallini and Zecchin (1974), Shah 
(1979), and Traviss et al. (1973) predicted the annular flow data to within mean absolute 
deviations of 13%, 18%, 20%, and 31%, respectively. Dobson et al. (1994) also pointed out 
that the condensation heat transfer coefficient was a function of saturation temperature. For 
example, the heat transfer coefficients predicted for R-134a were 15% higher for a saturation 
temperature of 35°C than for 60°C. This was attributed to the decrease in thermal 
conductivity and slip velocity at the higher temperatures. 

Yang and Webb (1996) compared condensation heat transfer data for R-12 flowing 
inside plain and micro-fin microchannel tubes with hydraulic diameters of 2.637 and 1.564 
mm, respectively, for mass fluxes between 400 and 1400 kg/m2-s. For both the plain and 
micro-fin tubes, the total heat transfer area was assumed to be equal to the entire wetted area. 
Apparently, no fin effects were included, but this may be acceptable if the fin efficiency was 
high. For both tubes, the authors noted that the condensation heat transfer coefficient 
increased with increasing heat flux. In fact, the condensation heat transfer coefficient was 
proportional to the heat flux raised to the power of 0.2. Also, the micro-fin tubes had higher 
heat transfer coefficients than the plain tube, but the micro-fin heat transfer enhancement 
decreased with increasing mass flux. This was assumed to happen because the surface 
tension drainage force increased the heat transfer coefficient in the micro-fin tubes when the 
film was sufficiently thin, but only until the point when vapor shear completely dominated 
the heat transfer. They compared their experimental data with the condensation heat transfer 
correlations proposed by Shah (1979) and Akers et al. (1959). The Shah (1979) correlation 
overpredicted the data, while the Akers et al. ( 1959) was close to the experimental data, 
except at high mass fluxes, where it also overpredicted the data. In addition, the micro-fin 
tubes had a steeper heat transfer coefficient versus quality slope, but, again, Akers et al. 
( 1959) did a better job of predicting the data. 

Dobson and Chato ( 1998) conducted flow visualization and heat transfer experiments 
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on smooth tubes, with diameters ranging from3.14 mm to 7.04 mm, for R-12, R-22, R-134a, 
and 50/50 and 60/40 blends of R-32/R-125. The purpose of this research was to measure and 
predict heat transfer coefficient as a function of flow regime. According to their results, the 
dominant factors affecting the observed flow regimes were mass flux and quality. The 
authors acknowledged the potential role of surface tension on flow regime transition 
(especially at smaller diameters), but said that this needs further attention. For the heat 
transfer experiments, only the 261 points gathered for the 3.14 mm tube and the 387 data 
points collected for the 7 .04 mm tube were used for correlation development. At the lowest 
mass flux (75 kg/m2-s), the Nusselt number was relatively insensitive to quality. When the 
mass flux increased to 300 kg/m2 -s, the Nusselt number was relatively constant for data 
points up to a quality of about 30%, which the authors state was characteristic of wavy flow. 
Thereafter, the slope changed and the Nusselt number increased with quality, which they said 
was characteristic of the annular regime. For the wavy regime, the dominant heat transfer 
mechanism was laminar film condensation, which is gravity-driven. In addition, the heat 
transfer coefficient depends primarily on film thickness, which does not change much with 
vapor quality. The authors lumped stratified, wavy, and intermittent flow together because 
they state that these three regimes are governed primarily by gravity, although it is not clear 
why the intermittent flow regime was considered to be governed by gravity. For the annular 
flow regime, the dominant heat transfer mechanism was interfacial shear stress. According 
to Dobson and Chato, the correlations of Soliman et al. ( 1968) and Traviss et al. ( 1973) 
demonstrated the interdependence of pressure drop and heat transfer coefficient. Since 
pressure drop increased significantly with quality for shear-driven flow, so should the heat 
transfer coefficient. 

Based on the above considerations, Dobson and Chato ( 1998) developed two 
correlations: (1) gravity-driven and (2) shear-driven. For the gravity-driven correlation, they 
stated that the heat transfer coefficient was dependent on the wall temperature difference and, 
therefore, the liquid pool heat transfer at the bottom of the tube cannot be neglected. Hence, 
heat was transferred by film condensation at the top of the tube and liquid pool forced-
convective condensation. At low vapor velocities, the film condensate was not affected by 
vapor shear and the film thickness was not a function of position. Nusselt' s solution over a 
horizontal cylinder would be sufficient and the pool thickness heat transfer can be neglected 
(no or little movement in the axial direction). As the vapor velocity was increased, the 
interfacial shear becomes significant and eventually dominates, as in the annular flow 
regime. The authors solved the conservation equations to find the film thickness in the entry 
and fully developed regions. Vapor shear determined the length of the entry region, which 
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was short for low vapor shear and long for high vapor shear. Since high vapor shear 
corresponds to annular flow, the film condensation solution for low shear was deemed to be 
appropriate. The resulting correlation, which accounted for both film condensation and 
liquid pool forced-convective heat transfer, had a 6.6% deviation from the wavy (i.e. 
intermittent, wavy, and stratified) flow heat transfer data. The authors said that the largest 
deviations occurred in the 3 .14 mm tube data, but no quantitative information was given. 
They hypothesized that this was from the large uncertainty in the data (heat duty was on the 
order of 50 W). For the annular flow regime, the primary resistance to heat transfer existed 
in the laminar sublayer and buffer regions. Therefore, the resistance to heat transfer 
increases very rapidly until the film thickness becomes large. The correlation by Traviss et 
al. (1973) was used as a guide for the annular flow heat transfer correlation. A simple force 
balance showed that the Nusselt number is proportional to the square root of the pressure 
drop. Film Reynolds numbers above 1125 correspond to turbulent flow, and most data in 
annular flow have Refilm > 1125. A two-phase multiplier approach was used to develop the 
correlation. The Dittus-Boelter single-phase heat transfer coefficient was multiplied by a 
function of the Martinelli parameter, which approaches 1 as the quality approaches 0 and 
results in the single-phase heat transfer coefficient. But this was not the case as the quality 
approaches 1. The authors recommended that the wavy flow correlation be used for G < 500 
kg/m2 -s and Fr < 20 and that the annular flow correlation be used for all x when G 500 
kg/m2-s and for Fr 20 when G < 500 kg/m2 -s. This method was compared with their 
experimental data for the 3.14 mm and 7.04 mm tubes. The R-134a data were predicted 
within a mean deviation of 4.4%; the R-22 data were predicted within a mean deviation of 
4.9%; and the 50/50 and 60/40 blends of R-32/R-125 data were predicted within mean 
deviations of 5.9% and 6.1 %, respectively. 

Moser et al. (1998) presented a new equivalent Reynolds number model for 
condensation heat transfer coefficient prediction. The model was a modified version of the 
model developed by Akers et al. (1959). In both models, the assumption was that the 
condensing heat transfer coefficient could be calculated using a modified single-phase heat 
transfer coefficient for an equivalent liquid flow. In Akers et al. (1959), the equivalent mass 
flux was the sum of the actual and fictitious (determined from the vapor flow and shear) 
liquid mass fluxes. Moser et al. ( 1998) point out that Akers et al. ( 1959) incorrectly assumed 
that the vapor and liquid friction factors were equal and that the driving temperature 
difference was not the bulk-wall temperature difference, but the interface-to-wall temperature 
difference. The new equivalent Reynolds number proposed by Moser et al. ( 1998) was found 
from a shear stress relationship and the friction pressure gradient definition. They also 
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defined a new correction factor for the interface-wall temperature difference, which was 
found from the following assumptions: von Karman universal velocity profile, thin film 
annular flow, uniform film thickness, no liquid entrainment in the vapor core, and a turbulent 
Prandtl number of unity. Using the Petukhov (1970) equation for single-phase flow and the 
newly developed multiplier with the new equivalent Reynolds number, they compared the 
results with local and average condensation data from various authors for tube diameters 
ranging from 3.14 to 20 mm. The fluids in these studies were R-11, R-12, R-22, R-125, R-
134a, and R-4 lOa. The total data set was predicted within an absolute mean deviation of 
13.64%. This new method proved to be better at predicting the heat transfer coefficient than 
both the Shah ( 1979) and Traviss et al. ( 1973) methods, which predicted the average and 
local data to within 14.27% and20.01 %, respectively. 

Hurlburt and Newell ( 1999) presented condensation heat coefficient and pressure 
drop models for annular flow inside smooth horizontal tubes. The results were compared 
with experimental data reported by Sacks (1975) for R-11, R-12, and R-22 and Dobson 
(1994) for R-22 and R-134a. The tube diameters ranged from 3 mm to 10 mm. The 
following assumptions were employed in the model: vapor heat transfer resistance was small 
compared to the liquid resistance, liquid interface was circumferentially uniform, tube wall 
temperature was circumferentially uniform, and the bulk temperature was a mass flow 
average temperature, which was equal to the interface temperature. For the liquid film, von 
Karman's universal velocity profile was used. Their analysis utilizes an empirical interfacial 
shear correlation by Asali et al. (1985), rather than a specified void fraction correlation. The 
pressure drop was related to the interfacial shear stress, which was solved simultaneously 
with the wall shear stress, film thickness, and interface velocity. The heat transfer coefficient 
was found using the Law of the Wall temperature profile. It should be noted that the heat 
transfer coefficient was dependent on the film thickness, which could be in three different 
layers: viscous, buffer, and turbulent. Hence, the heat transfer coefficient model was 

-presented as a piecewise function of the film thickness. The model tended to underpredict R-
11 pressure drop and overpredict R-12 and R-22 pressure drop, which suggested that the 
interfacial shear model needs to be improved, especially as the liquid-vapor density ratio 
decreases away from air-water (i.e. higher pressure refrigerants). The model predicts the R-
11 heat transfer data well. For the R-:-12 and R-22 data and qualities below 70%, the model 
overpredicted the data for high mass fluxes, and underpredicted the data at low mass fluxes. 
At high qualities, the model lost both qualitative and quantitative agreement. At high 
qualities, the thinning of liquid film causes deviation, while the dominant heat transfer 
mechanism at low qualities was gravity. For the Dobson (1994) data, the model 
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underpredicted the small diameter tube data (D = 3.14 mm), while predicting the large 
diameter tube data well. The authors attributed the deviation in the D = 3.14 mm data to 
neglecting the energy content of the near-wall fluid, thus causing systematic deviation in the 
bulk temperature. 

Summary 
The above review of the literature shows gravity-driven heat transfer has been studied 

using a variety of techniques ranging from simple correlations to complex numerical 
analyses. For simplified correlations, many investigators (i.e. Chato ( 1962), Rosson and 
Myers (1965), Jaster and Kosky (1976), and Dobson et al. (1994)) proposed an adaptation of 
the Nusselt falling film analysis for condensation inside a horizontal tube. Jaster and Kosky 
(1976) and Dobson et al. (1994) included the effect of changing void fraction in their 
stratified flow correlation. Although investigators such as Chato ( 1962) and Dobson et al. 
(1994) have chosen to neglect the heat transfer through the bottom portion of the tube, others 
such as Rosson and Myers (1965), Singh et al. (1996), Dobson and Chato (1998), and Guo 
and Anand (2000) have included this effect. In addition, Chato ( 1962), Rufer and Kezios 
(1966), Chen and Kocamustafaogullari (1987), and Guo and Anand (2000) have presented 
numerical analyses of stratified flow condensation with varying complexity. Due to the 
complicated nature of their analyses, Chato (1962) and Rufer and Kezios (1966), Chen and 
Kocamustafaogullari ( 1987) have also presented simplified correlations that agree relatively 
well with the numerical results. For intermittent flow, Tien et al. ( 1988) have presented a 
model that included single-phase liquid slug heat transfer combined with vapor/liquid 
gravity-driven condensation. 

Annular flow condensation has been studied the most because it is the dominant flow 
mechanism in a wide variety of two-phase flow applications. A variety of techniques have 
been used to develop annular flow heat transfer correlations. Carpenter and Colburn (1951) 
pioneered the concept of a shear-based correlation. They postulated that the condensation 
heat transfer coefficient could be related directly to the wall shear stress, which was the sum 
of the friction, momentum, and gravity contributions. Soliman et al. (1968) corrected the 
momentum contribution determined by Carpenter and Colburn (1951) and provided their 
own correlation for annular flow condensation. Chen et al. ( 1987) later postulated that their 
vertical annular flow shear-dominated correlation could be related to horizontal flow by 
neglecting the gravity contribution. Their analysis was similar to Soliman et al. ( 1968) 
except that the momentum and gravity contributions were neglected and a new pressure drop 
model was employed. 
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Another type of method that has been explored for annular flow condensation is the 
two-phase multiplier approach. In this case, a factor was multiplied to an existing single-
phase correlation to yield an expression for two-phase flow. Cavallini and Zecchin (1974), 
Shah (1979), and Dobson et al. (1994) all use modified versions of the Dittus-Boelter 
equation for finding the two-phase condensation heat transfer coefficient. After modifying 
the equivalent Reynolds number analysis by Akers et al. (1959), Moser et al. (1998) used the 
Petukhov (1970) single-phase correlation as a basis for their two-phase correlation. 

More theoretically based correlations have also been developed through boundary 
layer analyses. Traviss et al. (1973) conducted a thorough investigation of annular flow 
condensation assuming the von Karman analogy between heat transfer and momentum. 
Hurlburt and Newell ( 1999) noticed that the resistance to heat transfer was primarily in the 
viscous sublayer and buffer regions and developed their correlation accordingly. Dobson and 
Chato ( 1998) developed their annular flow correlation based on the analysis by Traviss et al. 
(1973), and the result was very similar to the two-phase multiplier result published by 
Dobson et al. (1994). In addition to these boundary layer results, Ibrahim (1994) and Chitti 
and Anand ( 1995) conducted numerical analyses for determining the annular flow 
condensation heat transfer coefficient. 

In the annular flow correlations, there are several assumptions that are consistently 
used. The liquid film is assumed to be circumferentially uniform, and the liquid vapor 
interface is at the saturation temperature. In addition, it is assumed that no liquid entrainment 
in the vapor core exists for the annular flow. For cases with liquid entrainment, the 
homogeneous flow correlations developed by authors such as Boyko and Kruzhilin ( 1967), 
Chitti and Anand (1996b) and the mist flow correlation developed by Soliman (1986) are 
more appropriate. 

Need for Further Research 
Although there are a variety of approaches to annular flow modeling, no specific type 

has emerged as the most appropriate style. Unfortunately, the existing database of 
correlations is fairly dependent on the type of experimental data covered by the researcher. 
This is also the case for gravity-driven condensation. Attempts have been made by Dobson 
and Chato (1998) and Nitheanandan et al. (1990) to provide a general condensation 
correlation that takes flow regime dependence into account with some success. In this 
investigation, the following deficiencies in the literature will be addressed: 

• non-dimensional criteria available in the literature for determining the flow regimes 
may not be applicable to the tubes investigated in this study, and the heat transfer 
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coefficient as a function of quality may be discontinuous ( although a method similar 
to the ones in Jaster and Kosky (1976) can remedy this) 

• the applicability of all the different correlations for tubes with hydraulic diameters 
less than about 3 mm needs to be further studied 

• the intermittent flow regime has been lumped into different flow regimes (i.e. 
different heat transfer mechanisms) by different investigators (Dobson and Chato 
(1998) include it in wavy flow, while Breber et al. (1980) include it in annular), the 
appropriateness of which needs to be studied 

• the applicability of the horizontal intermittent flow model proposed in Tien et al. 
( 1988) needs to be examined 

The above issues are addressed in the current work. The following chapter discusses the 
experimental approach and the test facility developed for this research. 
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CHAPTER THREE: EXPERIMENTAL SETUP AND 
PROCEDURES 

This chapter provides detailed descriptions of the experimental setup and procedures, 
and is divided into three parts: test sections, experimental facility, and testing procedures. 
The test section geometry and the test matrix are described first. The requirements of the 
experiments and the test loop configuration are described in the experimental facility section, 
while the test setup and test condition establishment are described in the section on test 
procedures. 

Test Sections 
The purpose of this study was to investigate the effects of hydraulic diameter and tube 

geometry on the condensation heat transfer coefficient. Previously, Coleman (2000) 
documented these effects on two-phase flow patterns for air/water mixtures and R-134a, and 
pressure drop for R-134a. In this study, heat transfer in the test sections used by Coleman 
(2000) in the R-134a pressure drop experiments is investigated. Figure 2 shows a 
representative test section consisting of rectangular tubes brazed together, supplied by 
Modine Manufacturing Company. The R-134a flows through the middle tube as a two-phase 
liquid/vapor mixture, and is partially condensed by the coolant flowing in a counter-flow 
orientation in the two outer tube jackets. 

Coolant (T) 
Inlet 

(T) Coolant 
Outlet 

(T,P) 6,,,,.,:==y-~=~~~~~~~~~~~~~~/~=:;/ (T,P) 
R-134a 

out 

Figure 2. 

Coolant (T) 
Inlet 

Representative Microchannel Test Section 

In 

The cross-sections of the 9 different test sections used in these experiments can be 
seen in Figure 3, with the corresponding geometric details such as the number of ports, total 
free flow area, total wetted perimeter, and tube outer height and width specified by the 
manufacturer shown in Table 1. Each tube has multiple flow channels of a circular, square, 
rectangular, barrel, "N" -shape, or triangular geometry. The multiple channels represent 
actual tubes in condensers, and also avoid the problems associated with measurements of 
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exceedingly small flow rates and heat duties in single channels. The hydraulic diameter for 
these channels is calculated as follows: 

D _ 4·At 
h---

pt 
(6) 

For example, test section S30, with a total free flow area and wetted perimeter of 9.871 mm2 

and 51.816 mm, respectively, has a hydraulic diameter of 0.762 mm. 

l C60 l T33 
2-29 100000000001 1.905 GVDVDVDVDVDVDVDVDVD 

l 18.771 l . 19.05 

l C30 l W29 
1.524 00000000000000000 1.905 (~) 

l 19.05 l 18.771 

C20 832 
1.27 00000000000000000000000 1.626 00000000000000 

19.05 18.796 

S30 N21 
1.524 ooooooooooooooooo ---------------1 1.321 

19.05 ----1 ...._ ___ 18.771 ----

RK15 l Coolant Jacket 
0.991 1.905 DDDDOODDDDDDDDDD 

19.05 .i •---- 19.837 

Figure 3. Schematic of Cross-Sections for the Microchannel Test Sections (All 
Measurements are in mm) 

Table 1 also provides the port height and width, and the aspect ratio for test sections 
S30 and RK15, as well as the outer tube jacket. The port height and width was determined 
from the specified total free flow area, wetted perimeter and number of ports as follows: 
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T bl 1 a e . 
Tube 

C60 

C30 

C20 

S30 

RK15 

T33 

W29 

B32 

N21 

Jacket 

29 

At = N port · hport . w port 

pt = 2. N port (hport + w port) 

es a nx or ea T tM t. ti H tT ti E rans er t xpenmen s 

Geometry Np 
Ai, Pi, Dh, tho, 

mm2 mm mm mm 
Circle, 

IO 18.242 47.878 1.524 2.290 
Extruded 

Circle, 
17 7.742 40.691 0.761 1.524 

Extruded 

Circle, 
23 4.645 36.703 0.506 1.270 

Extruded 

Square, 
17 9.871 51.816 0.762 1.524 

Extruded 

Rectangle, 
20 4.065 38.379 0.424 0.991 

Extruded 

Triangle, 
19 13.419 64.008 0.839 1.905 

Extruded 

Triangle, 
19 12.277 67.135 0.732 1.905 

Insert 

Barrel, 
14 10.000 50.056 0.799 1.626 

Extruded 

N-shape, 
19 7.871 58.763 0.536 1.321 

Extruded 

Rectangle, 
16 17.032 69.088 0.986 1.905 

Extruded 

two, Pho, 
mm mm 

19.050 ---

19.050 ---

19.050 ---

19.050 0.762 

18.771 0.316 

18.771 ---

18.771 ---

18.796 ---

18.771 ---

19.837 1.397 

Pwo, 
mm 

---

---

---

0.762 

0.644 

---

---

---

---

0.762 

Cl 

---

---

---

1.000 

0.491 

---

---

---

---

0.545 

(7) 

(8) 

The 17 ports in test section S30 have a height and width of 0.762 mm, while the 20 
ports of test section RK15 have a height and width of 0.316 mm and 0.644 mm, respectively. 
The 16 ports in the tube jacket have a port height and width of 1.397 mm and 0.762 mm, 
respectively. The aspect ratio is found by dividing the short side by the long side. Test 
section S30 has an aspect ratio of 1, while test section RK15 and the tube jackets have aspect 
ratios of 0.491 and 0.545, respectively. 

These tubes were tested at five mass fluxes (corresponding to nominal values of 150 
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kg/m2 -s, 300 kg/m2 -s, 450 kg/m2 -s, 600 kg/m2 -s, 7 50 kg/m2 -s) for vapor qualities ranging 
nominally from 0.05 to 0.95 in increments of approximately 0.15 to 0.30. The mass flow rate 
required for a given mass flux is calculated as follows: 

m=G·A (9) 

For example, the area of one port in test section S30 is 0.581 mm2 . For a mass flux of 150 
kg/m2-s, the mass flow rate through one port in this test section would be 8.710 x 10-5 kg/s, a 
very low flow rate resulting in significant uncertainties. But the provision of 17 ports 
increases the flow rate to 0.00148 kg/s, which results in acceptable uncertainties. 

Experimental Facility 
Requirements for Accurate Heat Transfer Coefficient Determination 

Accurate determination of the condensation heat transfer coefficients during phase 
change imposes several conflicting requirements on the design of the test facility and the test 
procedures. First, the test conditions must be accurately established and measured, which 
requires the following: 

• Accurate determination of test-section inlet quality 
• Accurate determination of test-section outlet quality 
• Establishment of a wide range of qualities for the desired range of mass fluxes 
• Small quality change in the test section to represent local phenomena 

In addition, accurate determination of the condensation heat transfer coefficient imposes two 
other requirements: 

• Accurate determination of the test section heat transfer rate 
• Accurate determination of the refrigerant condensation heat transfer coefficient from 

measured temperatures, pressures, and flow rates 
The other complicating aspect is that the requirements for heat transfer rate determination are 
in direct conflict with those for the determination of the condensation heat transfer 
coefficient. Several innovative features were incorporated into the design of the test facility 
to address these requirements, and are described below. The test facility was originally used 
for the condensation pressure drop experiments in Coleman (2000). Modifications that are 
described below enable its use for the heat transfer experiments. Figure 4 shows this 
microchannel phase-change heat transfer test facility. 

Evaporator, Pre- and Post-Condensers 
Subcooled refrigerant enters a coiled tube-in-tube evaporator, where steam flowing in 

counter-flow heats the refrigerant to a superheated state. The superheated state was verified 
by a combination of a sight glass and temperature and pressure measurements. This 
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superheated vapor enters one of two pre-condensers. Both pre-condensers were straight 
tube-in-tube counterflow heat exchangers (6.35 mm and 12.7 mm inner and outer tube 
diameters, each with a 0.89 mm wall thickness) designed to partially condense the refrigerant 
using city water. The short pre-condenser is 0.419 m long, while the long pre-condenser is 
1.35 m long. The different heat transfer areas provided by the two pre-condensers and 
varying cooling water flow rates allow for a wide range of vapor qualities at the test section 
inlet. 

City Water In City Water Out 

Long Post-Condenser 

City Water In City Water Out 

Short Post-Condenser 

City Water In 

Secondary 
Coolant 

G)---_-G .--0 
A/'v'"'-. 

Coolant HX 
·' / 

Primary 
Coolant 

Loop 

.--0 
Test Section 

Desired 
Outlet x 

Desired 
Inlet X 

Short Pre-Condenser 

Long Pre-Condenser 

City Water Out 

~-------------1-8....::y..:.._pass Condense rr-+--___ B_yp_a_ss_F_lo_w ___ 
Test Loop 

Overall Flow Control 

Note: 
Miscellaneous valves and fittings 
not shown for clarity 

Subcooled 
Liquid 

Steam Out 

Evaporator 

Superheated 
Vapor 

Steam In 

Figure 4. Microchannel Phase-Change Heat Transfer Test Facility 

The partially condensed R-134a entering the test section is condensed further to a 
lower vapor quality. Upon exiting the test section, the refrigerant enters one of two post-
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condensers (similar in design and function to the pre-condensers) and is completely 
condensed by city water to a subcooled liquid. The subcooled state at the outlet of the post-
condenser is verified by a combination of a sight glass and temperature and pressure 
measurements. Heat balances on the post-condensers enable prediction of the post-condenser 
inlet quality (which is also the test section outlet quality.) The subcooled liquid mass flow 
rate was measured at the outlet of the post-condenser. A pump (Cole Parmer model number 
74011-21) located at the mass flow meter outlet sends the refrigerant back to the evaporator. 
A bladder-type accumulator (Accumulators Inc., model number Al-3100) was located 
upstream of the evaporator to maintain the system pressure at a constant value. A nitrogen 
tank connected to the accumulator was used to vary the bladder pressure to obtain the desired 
system pressure. 

Test Section 
The test section inlet and outlet qualities are determined from the pre-condenser and 

post-condenser energy balances, and the difference between these qualities offers an estimate 
of the test section heat duty. However, for the determination of the variation in heat transfer 
coefficient with quality (local phenomena), this quality change must necessarily be small. 
These small quality changes make the determination of the test section heat duty from the 
inlet and outlet quality calculations prone to high uncertainties. This is illustrated here using 
a representative data point. The test section heat duty can be determined from the quality 
change as follows: 

(10) 

At 1,400 kPa, the enthalpy of vaporization for R-134a is 148.9 kJ/kg. At a mass flow rate of 
0.00444 kg/s (450 kg/m2-s for test section S30), a test section heat duty of 150 W results in a 
quality change of 0.23 (which approaches the limits of acceptability for understanding local 
phenomena). If the inlet and outlet qualities are known to within ±0.05 (a reasonable 
assumption) each, then the average quality will be known to within ±0.035 (using an 
uncertainty propagation technique explained in a subsequent section). However, the quality 
change will be known to within ±0.071. Without including the uncertainties in pressure and 
flow measurements, the uncertainty in the test section heat duty will be ±31.3% (46.95 W) 

due to the uncertainty in the quality change, which is unacceptable. Increasing the test 
section heat transfer can reduce the uncertainty in the quality change, but representing local 
phenomena will be sacrificed. Hence, the test section heat duty must be obtained 
independently. 

An alternative measurement of the test section heat duty can be made on the coolant 
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side. To measure the coolant side heat duty accurately, the coolant-side temperature 
difference must be measurable. To accurately measure the condensation heat transfer 
coefficient, on the other hand, the refrigerant resistance must dominate over the wall and 
coolant resistances. The tube wall in the test section is made of highly conductive aluminum 
(k = 192.1 W/m-K) so that the wall resistance is negligible compared to the refrigerant 
resistance. To decrease the coolant-side heat transfer resistance, the heat transfer area and/or 
coefficient must be increased. Increased heat transfer area (using a longer test section) would 
decrease the thermal resistance on both sides, thus not changing the resistance ratio. In 
addition, this would also unduly increase the heat duty. To maintain a high heat transfer 
coefficient, water was used due to its superior thermophysical properties. However, water 
has a high specific heat, and the need for a measurable temperature difference implies that 
low coolant flow rates must be used. This in turn decreases the heat transfer coefficient, thus 
increasing the resistance. Therefore, keeping the refrigerant heat transfer resistance 
dominant and accurately measuring the heat duty are conflicting problems. 

To address this interconnected set of design requirements, the two issues were de-
coupled by introducing primary and secondary coolant flow loops (see Figure 4). The 
primary coolant (which condenses the refrigerant) is circulated in a closed loop at a high flow 
rate, which results in the desired low coolant-side thermal resistance. The colder secondary 
coolant flows in an open loop and receives heat from the primary coolant in a 2.13 m long 
tube-in-tube heat exchanger (12.7 I11Il1, 0.89 mm wall and 25.4 mm diameter, 1.651 mm wall 
tubes). The secondary coolant flow rate is maintained at much lower values than the primary 
coolant flow rate, which results in a commensurately larger temperature difference in this 
coolant, thus enabling an accurate measurement of the heat duty. This technique, however, 
requires that all extraneous heat transfers in the primary loop be minimized and also 
estimated with reasonable accuracies. Thus, the heat addition into the primary loop from the 
circulation pump for this coolant, and the ambient heat losses from the primary loop must be 
minimized and their contributions estimated. The ambient heat loss was minimized by using 
low conductivity insulation (Belform® phenolic foam, k = 0.019 W/m-K), while the pump 
heat addition was reduced by selecting a high efficiency pump (Micropump 5000 series 
H21). These measures yielded condensation heat transfer coefficients for the geometries and 
test conditions under consideration with acceptable uncertainties, as will be demonstrated in 
Chapter 4. 
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Instrumentation and Data Acquisition 
A summary of the instrumentation, measurement ranges, and accuracies is presented 

in Table 2. Omega type Pr-13 platinum resistance temperature devices (RTDs) with a 
factory-calibrated accuracy of ±0.5°C were used for all temperature measurements. The 
pressures at various locations were measured using Rosemount model 2088 absolute pressure 
transducers with an accuracy of 0.25% of span. The maximum span for these transducers is 
0 kPa to 5,515.8 kPa, which results in an accuracy of ±13.79 kPa. Refrigerant mass flow 
rates were measured using a Micromotion Elite flow sensor model number CFM025, which 
measures flow rates in the range of 0 to 0.3 kg/s with an accuracy of ±0.15% of the reading. 
The secondary coolant mass flow rate was measured using a Micromotion type D6 sensor, 
which has a range of Oto 0.015 kg/s with an accuracy of ±0.2% of the reading. The pre- and 
post-condenser volumetric flow rates were each measured using a set of three Gilmont 
Accucal flow meters, with the flow rate ranges of 0.2 to 4.5 liters per minute, 0.2 to 2.2 liters 
per minute, and 0.1 to 0.78 liters per minute. These flow meters have an accuracy of ±2% of 
the reading. The primary coolant volumetric flow rate was measured using a Dwyer (model 
#RMC-142-SSV) rotameter, which has a range of 0.76 to 8.3 liters per minute. (As 
explained in a subsequent section, the accuracy of this flow meter is not very significant for 
data analysis). 

T bl 2 a e . ns rumen a 10n ;pec1 1ca ions I t t t· s 'fi f 
Fluid Manufacturer Model Range Accuracy 

Temperature 
R-134a and Omega Pr-13 600°C (Max) ±0.5°C Water 

Mass Flow Rate 
R-134a Micro motion CFM025 0-0.3 kg/s ±0.15% Reading 

Secondary Loop Micromotion D6 0-0.015 kg/s ±0.2% Reading Water 
Volumetric Flow Rate 

Pre- and Post- Gilmont Accucal 0.1-0.78 lpm ±2% Reading 
Condenser Gilmont Accucal 0.2-2.2 lpm ±2% Reading 

Water Gilmont Accucal 0.2-4.5 lpm ±2% Reading 
Primary Loop Dwyer RMC-142-SSV 0.76 to 8.31pm NIA Water 

Pressure 

R-134a Rosemount 2088 0-5515.8 kPa ±13.97 kPa 



www.manaraa.com

35 

Temperature, pressure, and mass flow rates were recorded using a TEMPSCAN data 
acquisition system, which is capable of recording 992 channels at speeds of up to 960 
channels per second. 

Experimental Procedures 
System Charging 

The refrigerant-side of the test facility ( shown in Figure 4) was initially pressurized to 
1,379 kPa with nitrogen gas and a trace amount of R-134a. An electronic leak detector (CPS 
model L-709a) was used around all of the fittings to verify that the system had no leaks. The 
test facility was evacuated to a system pressure of 150 microns (20.03 Pa) using a vacuum 
pump (DV Industries model DV-85N). A Thermal Engineering vacuum gauge (model 
14571) with the capability of measuring pressures as low as 10 microns ( 1.33 Pa) was used to 
measure the vacuum pressure. Immediately after evacuation, the system was charged with 
approximately 3.4 kg of R-134a, and the system pressure was monitored over a 24-hour 
period to verify system integrity. The system was also charged with cooling water in the 
primary loop and leak-tested. A relief valve in the primary loop was used to purge the air 
from this loop. 

System Start-Up 
Testing commenced with the pre- and post-condenser water flow, refrigerant flow, 

primary and secondary water flow, and steam flow being turned on in this order. The desired 
refrigerant mass flow rate was achieved through a combination of needle valves and a 
variable speed motor on the pump. The different specific volumes of the refrigerant for 
different test conditions were accommodated by controlling the external pressure to the 
accumulator; thus maintaining the refrigerant pressure at around 1,379 kPa. 

The coolant flow rate (and volumetric flow meter) and the heat exchanger (out of the 
two available long and short pre-condensers) were selected based upon the mass flux under 
consideration and the desired test section inlet quality. For example, at a low refrigerant flow 
rate and high test section inlet quality, the low-range water flow meter and short heat 
exchanger were selected for the pre-condenser. Using the refrigerant superheated inlet 
enthalpy and mass flow rate, and the measured water-side heat duty, the pre-condenser outlet 
quality (also the test section inlet quality) was calculated. The test-section primary-coolant 
flow rate was selected to obtain a low coolant heat transfer resistance and pump heat 
addition. The secondary flow rate was set to obtain a large temperature difference across the 
secondary heat exchanger, which allows for the test section heat duty to be measured 
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accurately. In addition, the secondary water flow rate indirectly controlled the condensation 
rate in the test section by removing the desired heat duty from the circulating primary 
coolant. (With the secondary coolant inlet temperature fixed by the city water temperature, 
the flow rate determined the outlet temperature, and thus the temperature difference available 
for heat transfer between the primary and secondary coolants.) The post condenser water 
flow rate and heat exchanger ( out of the two available) were selected to ensure a measurable 
temperature difference and refrigerant subcooling at the outlet. The refrigerant subcooled 
outlet enthalpy and mass flow rate, and the water-side heat duty were used to calculate the 
post-condenser inlet (also the test section outlet) vapor quality. Subcooling the refrigerant to 
a single-phase liquid condition allowed for pumping of the refrigerant around the loop, and 
also measurement of its flow rate by the coriolis flow meter. 

The system pressures, temperatures, and flow rates were constantly monitored during 
the test. Steady state conditions took between 30 minutes and 3 hours to obtain, depending 
on the specific test condition under consideration. A preliminary data point was taken and 
analyzed to estimate the test section inlet and outlet quality. If the calculated values 
corresponded to the desired qualities, the system was run at this condition until steady state 
was confirmed by ensuring that the results from successive data points were the same. After 
steady state was established, the data point was recorded, with each point representing the 
average of 121 scans taken over a two-minute interval. Water flow rates for the pre- and 
post-condensers and the primary and secondary coolants (as necessary) were then adjusted to 
obtain another average test section quality at the same refrigerant flow rate. This process was 
repeated until approximately seven data points, in the range 0.05 < x < 0.95 in increments of 
about 15%, were taken for each mass flux of 150,300,450, 600, and 750 kg/m2-s. 

It should be noted that some of the mass fluxes were unattainable or could only be 
represented by one or two data points. For example, the mass flow rates for the mass fluxes 
of 150 and 300 kg/m2-s for test section RK15 (which had the smallest flow area of all the test 
sections) were 6.098 x 104 kg/s and 0.00122 kg/s, respectively, even with the multiple 
channels, and are not accurately measurable. Also, a test section heat duty of 150 W for the 
450 kg/m2-s mass flux case for this test section corresponds to a quality change of 0.551 at a 
pressure of 1,400 kPa. Thus, for this mass flux, only one or two points, with a relatively 
large quality change, were possible, at the required accuracies. Thus, local phenomena could 
not be measured with a high degree of resolution for this test section. 
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Test Condition Establishment 
Each data point for each test section was analyzed using Engineering Equation Solver 

software (Klein and Alvarado, 2000). The calculation of the average test section quality and 

its associated uncertainty are demonstrated here for a data point with a mass flux of 454.01 
kg/m2 -s and a quality of x = 0.465 for test section S30. 

T bl 3 a e . M easure a a or est dDtfi TS ect1on S30E xamp e a cu a 10n l C l I f 
Variable Measured Value Description 

Ppre,in 1,553 kPa Pressure, pre-condenser inlet 

Ppre,out 1,546 kPa Pressure, pre-condenser outlet 

Ppost,in 1,531 kPa Pressure, post-condenser inlet 

Ppost,out 1,532 kPa Pressure, post-condenser outlet 

mrefg 4.48 x 10-3 kg/s Mass flow rate, refrigerant 

msec 1.24 x 10-3 kg/s Mass flow rate, secondary water 

V pre,w 0.22 liter/min Volumetric flow rate, pre-condenser water 

V post,w 0.95 liter/min Volumetric flow rate, post-condenser water 

V test,w 6.25 liter/min Volumetric flow rate, primary loop water 

Tpre,in 103.50°C Temperature, pre-condenser inlet 

Tpre,out 56.56°C Temperature, pre-condenser outlet 
T . pre,w,m 18.77°C Temperature, pre-condenser water inlet 

Tpre,w,out 50.72°C Temperature, pre-condenser water outlet 

T1est,in 56.94°C Temperature, test inlet 

T1est,ou1 55.l7°C Temperature, test outlet 

Ttest,w,in 53.00°C Temperature, primary loop water inlet 

Ttest,w,out 53.33°C Temperature, primary loop water outlet 
T . sec,w,m 17.49°c Temperature, secondary loop water inlet 

Tsec,w,out 52.33°C Temperature, secondary loop water outlet 

Tpost,in 55.06°C Temperature, post-condenser inlet 

T post.out 32.20°c Temperature, post-condenser outlet 

Tpost,w,in 16.47°C Temperature, post-condenser water inlet 

T post, w ,out 21.92°c Temperature, post-condenser water outlet 
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Average Test Section Quality 
Table 3 shows the measured data that were input to the EES program. These 

quantities are used to determine the inlet, outlet, and average test section qualities. At the 
inlet of the pre-condenser, the refrigerant is a superheated vapor. Therefore, the refrigerant 
enthalpy at that state is calculated from the pressure (P pre.in) and temperature (T pre.in) 
measurements. For this example, Ppre,in and Tpre.in are 1,553 kPa and 103.5°C, respectively, 
which yields a pre-condenser inlet enthalpy of 480.32 kJ/kg. 

The superheated refrigerant enters the pre-condenser and is partially condensed by 
flowing cold water. The mass flow rate of the water is calculated as follows: 

rhpre,w == \/ pre,w · P pre,w (11) 

With a volumetric flow rate and density of 0.22 liters per minute and 999.87 kg/m3, 

respectively, the mass flow rate is 3.667 x 10-3 kg/s. 
The pre-condenser outlet is a liquid-vapor mixture and, therefore, its enthalpy cannot 

be directly determined from the temperature and pressure measurements. The water-side 
heat duty and an energy balance with the refrigerant-side are used to predict the pre-
condenser outlet enthalpy. The water-side heat duty is given by: 

(12) 

The pre-condenser water inlet and outlet temperatures of 18. 77°C and 50. 72°C yield enthalpy 
values of 79.13 kJ/kg and 212.55 kJ/kg, respectively. The pre-condenser water-side heat 
duty is therefore 489.14 W. 

The pre-condenser is covered with three layers of fiberglass pipe-wrap insulation 
followed by an outer shell of rigid fiberglass insulation. In addition, the cooling water is on 
the annulus-side of the tube-in-tube pre-condenser. The small temperature difference 
between the ambient air ( -20°C) and the cooling water and the several layers of fiberglass 
insulation minimized the heat loss or gain in the pre-condenser to negligible values. The 
refrigerant-side heat duty in the pre-condenser is therefore given by: 

Qpre == rhrefg8hpre == rhrefg (hpre,in - hpre,out) (13) 

The pre-condenser heat duty, refrigerant mass flow rate, and refrigerant inlet enthalpy of 
489 .14 W, 4.48 x 10-3 kg/s, and 480.32 kJ/kg, respectively, yield a refrigerant outlet enthalpy 
of 3 71.13 kJ/kg. The pre-condenser outlet quality is a function of pressure and enthalpy as 
follows: 

X pre,out == f (P pre,out 'h pre,out ) (14) 

A measured outlet pressure and calculated enthalpy of 1,546 kPa and 371.13 kJ/kg yield a 



www.manaraa.com

39 

quality of 0.62. This partially condensed refrigerant from the pre-condenser outlet enters the 
test section. The short length of tubing connecting the pre-condenser and test section is 
covered with the fiberglass insulation combination as described above. Therefore, it 1s 
assumed that the test section inlet quality is the same as the pre-condenser outlet quality. 

After exiting the test section, the refrigerant enters· a post-condenser, where it is 
completely condensed and subcooled by cooling water. The mass flow rate of the cooling 
water is calculated as follows: 

mpost.w = \\ost,w · Ppost,w (15) 

A water volumetric flow rate and density of 0.95 liters per minute and 1,000.7 kg/m3 yield a 
water mass flow rate of 1.584 x 10-2 kg/s. 

The post-condenser water-side heat duty is calculated as follows: 
Qpost,w = mpost,wMpost,w (16) 

The water inlet and outlet temperatures of 16.47°C and 21.92°C correspond to enthalpies of 
69.5 kJ/kg and 92.32 kJ/kg, respectively, and with a mass flow rate of 0.01584 kg/s, the post-
condenser heat duty is 361.47 W. 

The refrigerant exits the post-condenser as a subcooled liquid. Hence, the post-
condenser outlet enthalpy can be deduced from the pressure (P post.out) and temperature 
(Tpost,oui) measurements. Given the post-condenser refrigerant outlet temperature and 
pressure of 32.2°C and 1,532 kPa, respectively, the enthalpy is 244.93 kJ/kg. 

Similar to the pre-condenser, the post-condenser is a tube-in-tube heat exchanger with 
the water flowing through the annulus and covered with layers of insulation. Therefore, the 
post-condenser refrigerant-side heat duty is considered to be equal to the water-side duty and 
is used to calculate the refrigerant inlet enthalpy as follows: 

Qpost = mrefgMpost,w = mrefg (hpost,in -hpost,out) (17) 

With a refrigerant mass flow rate of 4.48 x 10-3 kg/s, heat duty of 361.47 W, and outlet 
enthalpy of 244.93 kJ/kg, the post-condenser inlet enthalpy is 325.61 kJ/kg. The post-
condenser inlet quality is calculated from the measured pressure and calculated inlet enthalpy 
as follows: 

X post ,in = f (P post ,in , h post ,in ) (18) 

The post-condenser inlet pressure and enthalpy of 1,553 kPa and 325.61 kJ/kg, respectively, 
yield a quality of 0.31. The refrigerant at the post-condenser inlet flows directly from the test 
section outlet, and the length of tubing connecting the post-condenser and test section is 
covered with the fiberglass insulation. Hence, the post-condenser inlet quality is assumed to 
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be the same as the test section outlet quality. 
The average test section quality is determined as follows: 

(xtest,in + X1est,out) 
xtest = 2 

For this example, the average test section quality is 0.465. 

(19) 

The procedure described above for calculating the average test section quality was 
repeated for all data points. Figure 5 shows the mass flux versus the test section average 
quality (including the corresponding error bands described in the following section) for all of 
the data points taken for test section S30. Data were obtained for an acceptable range of 
average test section qualities for all mass fluxes except 150 kg/m2-s, for which only one data 
point with an average quality of 0.48 representing total condensation was collected due to the 
low refrigerant flow rate. Similar graphs for each test section can be seen in Appendix A. 
Uncertainty Analysis for Test Section Quality 

The uncertainty in the inlet quality is deduced from the pre-condenser heat duty using 
an uncertainty propagation technique (Taylor and Kuyatt, 1994) as follows: 

( J2 ( J2 ( J2 2 aQp,e cJQpre aQpre 
U = --=--u. + ----u + ---u 

Qpre av Ypre,w dh hpre,w,out dh . hpre.w,in 
pre, w pre, w, oul pre, w, m 

(20) 

The influence of density (which is needed to calculate the mass flow rate of water from the 
measured volumetric flow rate) on uncertainty was neglected in the above calculation. The 
partial derivatives of heat duty with respect to the volumetric flow rate and inlet and outlet 
enthalpy are as follows: 

pAflpre,w = 133,403 (kJ /m3 ) 

dQpre · 
---=-Vw, preP =-0.003667(kg/s) 
dhpre,w, in 

aQpre . 
= V w, preP = 0.003667 (kg/ s) 

dhpre,w,out 

(21) 

(22) 

(23) 

The relative uncertainty in the volumetric flow rate is ±2% of the reading, which is 0.0044 
liters per minute in this case. The uncertainty in coolant enthalpy is given by: 

ah uh = aT uT = cp • uT (24) 

The specific heat is 4.18 kJ/kg-K, while the uncertainty in temperature is ±0.5°C. Therefore, 
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the uncertainty in inlet enthalpy is ±2.09 kJ/kg. Similarly, the uncertainty in outlet enthalpy 
is ±2.09 kJ/kg, which yields an uncertainty in heat duty (481.14 W) of ±14.6 W. By using a 
similar method, the post-condenser heat duty of 361.47 Wis known to within ±47.42 W. 

Figure 5. 
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The uncertainty in refrigerant test section inlet (pre-condenser outlet) enthalpy is 
calculated as follows: 

U =(dhpre,out U )
2 +(dhpre,out U )

2 +(dhpre,out U. )
2 

(2S) 
hpre,out dh . hpre,in dQ Qpre dm IDrefg pre,m pre refg 

The partial derivatives are evaluated as follows: 
dhpre out , =1 
dhpre,in 

dh 1 pre,out = -;- = -223.2 (s / kg) 
dQpre m 

(26) 

(27) 
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ah Q pre,out = pre = 2397 . 101 (J. s/kg2) 
am ( · \2 refg mrefg J 

(28) 

The refrigerant mass flow rate is measured with a mass flow meter with a relative uncertainty 
of ±0.15%, which in this case is ±6.72 x 10-6 kg/s. The uncertainty in the pre-condenser inlet 
enthalpy is as follows: 

(29) 

The uncertainties in temperature and pressure measurements are ±0.5°C and ±13.97 kPa, 
respectively, while the partial derivative with respect to temperature is evaluated as follows: 

c)h = h(T+uT,P)-h(T-uT,P) (30) 
dT 2uT 

The elevated and reduced temperature enthalpies of 480.95 kJ/kg and 479.84 kJ/kg yield a 
partial derivative of 1.11 kJ/kg-K. The partial derivative with respect to pressure is as 
follows: 

db= h(T,P+up)-h(T,P-up) 
c)P 2up 

(31) 

The elevated and reduced pressure enthalpies of 480.57 kJ/kg and 480.23 kJ/kg yield a partial 
derivative of -0.0122 kJ/kg-kPa, which yields an uncertainty in the pre-condenser inlet 
enthalpy of 0.58 kJ/kg. Hence, the test section inlet enthalpy of 371.13 kJ/kg is known to 
within ±3.31 kJ/kg. Similarly, based on an uncertainty analysis on the post-condenser, the 
test section outlet enthalpy of 325.61 kJ/kg is known to within ±10.61 kJ/kg. 

The test section inlet quality is a function of enthalpy and pressure, with the 
corresponding uncertainty given by: 

u; =(:uh r +(~ Up r 
The partial derivative with respect to enthalpy is as follows: 

ax= x(h+uh,P)-x(h-uh,P) 
dh 2uh 

(32) 

(33) 

The qualities at the elevated and reduced enthalpies of 480.57 kJ/kg and 480.23 kJ/kg are 
0.644 and 0.598, respectively, which yields a partial derivative of 6.95 x 10-3 kg/kJ. The 
partial derivative with respect to pressure is as follows: 
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iJx = x(h, P+ up)- x(h, P-up) 
iJP 2up 

(34) 

The elevated and reduced qualities are 0.619 and 0.623, respectively, which yields partial 
derivative of -1.432 x 10-4 1/kPa. Hence, the test section inlet quality of 0.62 is known to 
within ±0.023. Similarly, the test section outlet quality of 0.31 is known to within ±Q.074. 
The uncertainty in the average test section quality is calculated as follows: 

u~ = (o.5- ux. )2 + (o.5- ux )2 
avg m out 

(35) 

This shows that the average test section quality of 0.465 is known to within ±0.039. The 
uncertainties associated with all the data points for test section S30 can be seen in Figure 5. 
Similar graphs for the other test sections are presented in Appendix A. Heat transfer related 
quantities for each data point were computed for each of these qualities and are reported in 
Chapter 4. 
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CHAPTER FOUR: DATA ANALYSIS AND RESULTS 

The data collected from the experimental procedures described in the prev10us 
chapter are presented here. This section includes a description of the calculation of the test 
section heat duty and the local condensation heat transfer coefficient for the microchannel 
tubes. The tubes are divided into 3 sets: rectangular, circular, and other. 

Rectangular Channels 
Test Section S30 Heat Duty and Uncertainty 

The calculation of test section heat duty and its associated uncertainty is illustrated 
here for test section S30. The specific data point used for this illustration has a mass flux of 
454 kg/m2 -s and an average quality of 0.467, and the various temperatures and pressures in 
the system can be seen in Table 3 in Chapter 3. 

Figure 6 shows the configuration for the secondary loop. The test section rejects heat 
into the primary loop. This coolant in tum rejects heat to the secondary coolant. In addition, 
the primary loop rejects some heat to the ambient and also gains heat dissipated by the 
primary coolant circulation pump. These various heat transfers can be summarized in the 
following energy balance equation: 

Qtest = Qsec + Qambient - Qpump (36) 

The secondary loop heat duty can be calculated from the flow rate and temperature 
rise in the secondary coolant as follows: 

Q sec, w = ri1 sec, w L\h sec, w (37) 

For this example, the secondary water flowing at 1.24 x 1 ff3 kg/s enters and exits the 
secondary loop at 17.49°C and 52.33°C with enthalpies of 73.5 kJ/kg and 219.0 kJ/kg, 
respectively. The corresponding heat duty is 180.7 W. 

The calculation of the pump heat addition into the primary coolant and the ambient 
heat loss is described below. 

. Pump Heat Addition 
The pressure drop in the primary loop must be calculated first to determine the 

pumping power required for water circulation. The pressure drop in the primary loop is the 
sum of the pressure drop in the tubing and fittings, the water flow meter, the test section, and 
the secondary heat exchanger. The inside tube diameter of the primary loop plumbing is 
calculated as follows: 

ID= OD-2 · twan (38) 
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The stainless steel tubing has an outside diameter of 12.7 mm and a wall thickness of 0.89 
mm, which yields an inside tube diameter of 10.92 mm. 

The velocity of the circulating fluid is calculated from the volumetric flow rate and 
the cross-sectional area as follows: 

V = V = 4V 
A 1tID;ube 

(39) 

For a measured volumetric flow rate of 6.25 liters per minute, the fluid velocity is 1.11 mis. 
The Reynolds number is calculated from this velocity as follows: 

p·V·IDtube Re=-----
µ 

(40) 

With a fluid density= 986.6 kg/m3 and a viscosity= 5.193 x 10-4 kg/m-s, the Reynolds 
number is 23,057. 

The Churchill correlation ( 1977b) is used to calculate the friction factor from the 
Reynolds number and tube relative roughness as follows: 
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(41) 

With a roughness for drawn tubes of 0.0015 mm (Munson et al. 1998), the friction factor is 
0.0253. 

The pressure drop in the tubing is calculated as follows: 

Af> =_!_·f ·p•V2. Ltube 
tube 2 ID 

tube 
(42) 

For 8.12 m of tubing in the primary loop, the pressure drop is 11.45 kPa. 
Minor losses are also incurred in the fittings in the primary loop. Table 4 shows the 

type of fitting with its associated inside diameter (Swagelok, 1995), minor loss coefficient 
(Munson et al. 1998), and the number of each type of fitting in the primary loop. The fluid 
velocity through all of the fittings for a volumetric flow rate of 6.25 liters per minute is 1.22 
mis. The minor losses through the fittings were calculated as follows: 

1 2 
Af>fitting =2 ·p· V ·K (43) 

The resulting pressure drops in the elbows, ball valves, branch tees, and run tees are 3.76 
kPa, 0.04 kPa, 4.42 kPa, and 0.29 kPa, respectively, which yields a total minor loss of 8.51 
kPa. 

Table 4. Minor Loss Elements in the Primary Loop for the Microchannel Tubes 
Tests 

Type ID (mm) K # 

90° compression elbow 10.414 0.3 17 
Fully-open ball valve 10.414 0.05 1 
Branch tee 1 10.414 1 6 

T 

Run tee 
10.414 0.2 2 
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The pressure drops at the minimum (0.76 1pm) and maximum (8.33 1pm) flow rates 
through the volumetric flow meter are 3.45 kPa and 8.22 kPa, according to manufacturer 
specifications. For convenience, interpolation between the minimum and maximum flow 
rates was used to find the pressure drop for the test flow rate. For example, the pressure drop 
through the volumetric flow meter at 6.25 liters per minute is 6.91 kPa. 

The cross-section of test section S30 is shown in Figure 7. The coolant flows through 
the outer 2 tube jackets, while the refrigerant condenses in the center tube. The velocity of 
the water flowing through one port in the outer jacket is calculated as follows: 

v 
V=---

2 · Atota! 
(44) 

The manufacturer-specified cross-sectional area for one of the tube jackets is 17.03 mm2, and 
the volumetric flow rate of 6.25 liters per minute yields a velocity of 3.056 mis. Since the 
wetted perimeter for the entire tube is 69.088 mm, the tube jacket hydraulic diameter is 0.986 
mm. For a density and viscosity of 986.6 kg/m3 and 5.193 x 104 kg/m-s, the coolant 
Reynolds number is 5,726. The procedure described in Kakac et al. (1987) is used for 
calculating the friction factor, with the relative roughness for the square channel given by 
Coleman (2000) as 0.0009. Figure 8 shows the cross-section of the outer tube jacket. The 
manufacturer supplied the total free flow area and wetted perimeter, as well as the number of 
ports. Hence, the port height and width are found by simultaneously solving the following 
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Figure 8. 
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A total = N port · h port · W port 

ptotal = 2 · N port (h port + W port ) 

Wtube 

Wport 

Cross-section of Outer Tube Jacket 

(45) 

(46) 

For the 16 ports in this tube, the port height and width are 1.397 mm and 0.762 mm, 
respectively, which yields an aspect ratio of 0.545. The aspect ratio is used to find a 
transition Reynolds number as follows (Kakac et al. 1987): 

m·n 
Re critical = 4650 ( ) ( ) (47) m+l · n+l 

The parameter n is 2 for an aspect ratio less than 1/3; otherwise, it is defined as follows: 
n = 2+0.3-(a-1/3) (48) 

In this case n is 2.064, while parameter mis given by: 
m = 1.7 +0.5 · a-1/4 (49) 

This parameter is 2.869 in this case, which yields a critical Reynolds number of 2,323. The 
laminar and turbulent friction factors are defined as follows (Kakac et al. 1987): 
f . =96 _ (1-1.3553-a+l.9469-a 2 -1.7012-a3 +0.9564-a4 -0.2537-a5 ) 

lammar Re (50) 

fturbulent = (1.0875-0.1125 · a)· fchurchill (51) 

Since the flow is in the turbulent regime in this case, the friction factor is 0.03855. The tube 
jackets have an entire length (not the brazed heat exchanger length) of 0.4572 m, which 
yields a test section pressure drop of 82.37 kPa. 
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The total pressure drop in the primary loop is the sum of the pressure losses in the 
tubing, fittings, water flow meter, test section, and secondary loop. For this case, the total 
pressure drop in the primary loop is 109.24 kPa. 

The pressure drop in each component in the primary loop as a function of volumetric 
flow rate is shown in Figure 9. The results from this pressure drop calculation were used to 
determine the pump heat addition, as described below. 

The pressure rise supplied by the circulation pump is the pressure drop in the primary 
loop calculated above. The ideal pump work is given by: 

(52) 

For a volumetric flow rate of 6.25 liters per minute and a total loop pressure drop of 109.24 
kPa, the ideal pump work is 11.37 W. The operating shaft work is calculated as follows: 

Wshaft = 't. (1) (53) 

The operating applied torque and shaft rotational speed are supplied by the manufacturer 
(Micropump) and shown in Figure 10 for the Micropump Series 5000 H21 pump head 
model. The applied torque is a function of the loop pressure drop (or pump pressure rise). In 
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this case, the loop pressure drop of 109.24 kPa (15.84 psi) yields an applied torque of 0.229 
N-m. The intersection between the operating flow rate and pressure drop in Figure 5 yields 
the operating pump shaft rotational speed. For a loop pressure drop of 109.24 kPa (15.84 
psi) and a volumetric flow rate of 6.25 liters per minute (1.65 gpm), the rotational speed is 
approximately 154.5 radians per second (-1475 RPM). Finally, a torque of0.229 N-m and a 
speed of 1475 RPM result in an applied shaft work of 35.45 W. 

The pump efficiency as a function of pump ideal and shaft works is defined as 
follows: 

(54) 

The ideal and shaft works of 11.37 Wand 35.45 W result in a pump efficiency of 0.32. The 
heat added to the primary coolant from the circulation pump is a function of the pump 
efficiency and the shaft work as follows: 
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For this case, the pump heat addition is 24.08 W. Figure 11 shows the pump heat addition as 
a function of volumetric flow rate. A second-order polynomial least squares curve fit was 
developed from the data in Figure 11. This polynomial was used to estimate the pump heat 
addition for the experiments in this study, which was 24.73 Win this case. 
Ambient Heat Loss 

The heat lost from the primary and secondary coolants to the ambient is required for 
determining the test section heat duty. The calculation of this heat loss is described below. 
Secondary Heat Exchanger 

Figure 12 shows the resistance network for the ambient heat loss from the secondary 
heat exchanger. The heat is assumed to be lost from the average primary coolant temperature 
to the ambient temperature ( ~ 20°C). The heat flows through the following resistances: 
water, outer tube wall, insulation, natural convection, and radiation. 

The outside diameter and wall thickness of the outer tube of this annulus are 25 .4 mm 
and 1.651 mm, respectively, which yield an inner diameter of 22.098 mm. With the outside 
diameter of the inner tube of 12.7 mm, the hydraulic diameter of the annulus is calculated to 
be 9.398 mm using the following equation: 



www.manaraa.com

Figure 12. 

Insulation 

R 
Tambient 

Rs 

52 

4A 
Dh = - = ID outer -OD inner p 

T bulk fluid 

R1 = Water resistance 
R2 = Tube wall resistance 
R3 = Insulation resistance 
R4 = Natural convection resistance 
R5 = Radiation resistance 

Outer Tube 
wall 

(56) 

Resistance Network for the Ambient Heat Loss from the Secondary Heat 
Exchanger 

The cross-sectional area of the annulus is calculated as follows: 

7t( 2 2 ) Aannulus = Aouter -Ainner = 
4 

ID outer - ODinner (57) 

The inner tube outside, and outer tube inside, diameters of 12. 7 and 22.098 mm, respectively, 
yield a cross-sectional area of 256.9 mm2

• The average secondary water temperature is 
34.91 °C, yielding an average density and viscosity of 994.3 kg/m3 and 7.209 x 104 kg/m-s, 
respectively. For a mass flow rate of 1.24 x 10-3 kg/s, the fluid velocity through this annulus 
is 4.86 x 10-3 mis, and the Reynolds number is 63.04. The annulus radius ratio is defined as 
follows: 

* ODinner r =--- (58) 
IDouter 

For this heat exchanger, this ratio is 0.575. The transition Reynolds numbers for annuli are 
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functions of the radius ratio. These transition functions are simple curvefits to the results of 
Walker et al. (1957) by Garimella (private communication). Thus the lower transition 
Reynolds number (laminar to transition) is given by: 

Relt = 2089.26 + 686.15 · r * (59) 

For this heat exchanger, this lower transition Reynolds number is 2,484. Similarly, the upper 
transition Reynolds number (transition to turbulent) is given by: 

Reu = 2963.02 +334.16 · r* (60) 

For this heat exchanger, this Reynolds number is 3,155. Based on these transition Reynolds 
number values, the secondary coolant flowing through the annulus is in the laminar regime. 

Garimella and Christensen ( 1995) developed the following curve fits for the laminar 
and turbulent Nusselt numbers in annuli using the results of Kays and Leung (1963): 

1 Nu 1am =------------ (61) 
0.186+0.029 · lnk )-0.008- pn(r* )f 

Nu =0025-Re0·78 -Pr0.48 ,r*-0.1 4 (62) turb · 

For the transition region, the Nusselt number is calculated using a logarithmic interpolation 
between the Nusselt numbers at the lower and upper critical Reynolds numbers. Since the 
flow is laminar in this case, Equation 61 yields a Nusselt number of 5.971. The heat transfer 
coefficient is evaluated from the Nusselt number as follows: 

Nu 0 h ·k 
h=-~~-

Dh 
(63) 

For a thermal conductivity of 0.6235 W/m-K and hydraulic diameter of 9.398 mm, the heat 
transfer coefficient is 396.1 W/rrl--K. The water-side heat transfer area is defined as follows: 

A= 7t·IDouter·L (64) 

The secondary loop heat exchanger has a length of 2.134 m and an outer tube ID of 22.098 
mm, which results in a heat transfer area of 0.148 m2 • The heat transfer resistance of the 
water-side is calculated as follows: 

1 
Rwater = h ·A 

For this case, the heat transfer resistance is 0.01704 K/W. 
The tube-wall resistance is calculated as follows: 

(65) 
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ln(OD) 
R _ ID 

wall -
2·1t·L·k 

(66) 

The stainless steel tube, with a thermal conductivity of 15 W/m-K, has outside and inside 
diameters of 25.4 mm and 22.098 mm, respectively, which yields a resistance of 6.92 x 104 

K/W. 
The insulation resistance is also calculated using equation 66. With an insulation 

thickness of 25.4 mm (OD = 76.2 mm) and a thermal conductivity of 0.019 W/m-K, the 
resistance is 4.313 K/W. 

Heat transfer from the insulation to the ambient air is due to natural convection and 
radiation. The natural convection resistance is based on the Rayleigh number, which is 
defined as follows: 

Ra= g · · (Tsurface -Too)· OD3 · p2 · Pr 
µ2 (67) 

Since air can be approximated as an ideal gas, the volumetric coefficient of thermal 
expansion is the inverse of the average between the surface and the ambient temperatures. 
For surface and ambient temperatures of 20.82°C and 20°C, respectively, the average fluid 
temperature and volumetric coefficient of thermal expansion are 20.41°C and 3.406 x 10-3 K 
1, respectively. (It should be noted that the surface temperature calculation required here is 
iterative because this depends on the heat transferred to the ambient.) At this average 
temperature, the density, viscosity, and Prandtl number are 1.202 kg/m3, 1.827 x 10-5 kg/m-s, 
and 0.7308, respectively, which yields a Rayleigh number of 38,346. The natural convection 
heat transfer coefficient is determined using a correlation by Churchill and Chu (1975) for 
flat, horizontal, circular tubes as follows (lncropera and DeWitt, 1996): 

2 

h = kair 
nc OD 

¼ 
0 60 0.387Ra 6 

. + ½ 
l,+(o·!:9r J 27 

(68) 

The resulting natural convection heat transfer coefficient is 2.016 W/m2-K. For an insulation 
diameter of 76.2 mm, the heat transfer area is 0.5108 m2, which results in a natural 
convection resistance of 0.971 K/W. 
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The radiation heat transfer coefficient is defined as follows: 
( ) ( 2 2 ) h · · =er• T · +T · T +T radiat10n ambient surface ambient surface (69) 

With surface and ambient temperatures of 20.82°C and 20°C, respectively, the radiation heat 
transfer coefficient is 5.737 W/m2-K, and the radiation resistance is 0.3412 K/W. 

The heat lost to the ambient is determined from the energy balance between the 
insulation surface and the ambient, and between the bulk water temperature and insulation 
surface as follows: 

Qambient 
___ (T_w_a_te_r_-_T_su_rf_ac_e_) __ = (Tsurface-Tambient) + (Tsurface -Tambient) 

R water + R wall + R insulation R natural convection R radiation 
(70) 

For water, surface, and ambient temperatures of 34.91 °C, 20.82°C, and 20°C, respectively, 
the resulting heat loss is 3.25 W, with 0.845 W being transferred by natural convection and 
2.403 W being transferred by radiation. 
Test Section Heat Exchanger 

Most of the calculations for ambient heat loss in the test section are similar to those 
described for secondary heat exchanger. However, the primary water heat transfer resistance 
calculation in the test section is different because the water is not flowing through an 
annulus, but rather through the microchannel tube jackets. The laminar Nusselt number is 
calculated using a correlation for rectangular channels available in (Kakac et al. 1987) as 
follows: 

Nu laminar = 8.235 · (1- 2.0241 ·a+ 3.0853 · a 2 - 2.4765 · a 3 + 1.0578 · a 4 - 0.1861 · a 5 )(71) 

For the turbulent regime, the Nusselt number is calculated using the following correlation 
developed by Churchill (1977a): 

[ 2200-Re] exp----

-5 J/10 

(72) 

By using the same transition criteria outlined in the pump heat addition section, the flow is 
determined to be turbulent and the Nusselt number is 42.1 in this case. In addition, the 
Nusselt number is multiplied by a property correction for viscosity, which is as follows: 



www.manaraa.com

56 

Correction= ( µ(T wall )J-o.ll 
µ(Tbulk) 

(73) 

With a bulk water temperature of 53. l 7°C and a wall temperature of 53.5°C (validated 
iteratively through the apportioning of ~Ts across various resistances), the viscosity property 
correction is 1.001. For a thermal conductivity of 0.6472 W/m-K, the water-side heat 
transfer coefficient is 27,652 W/m2-K. 

The heat transfer area for the water-side is defined as follows: 
Awater = Ad,water + Aid,water · T\fin 

The direct and indirect heat transfer area are calculated as follows: 
Ad.water = 2 · N port · W port · L 

Aid,water = (4- N port · hport + 2- N port · W port)· L 

(74) 

(75) 

(76) 

It should be noted that the indirect area shown above includes the area of the two faces of 
both internal webs of both jackets plus the area of the outer walls of the jackets. For this test 
section, the direct and indirect heat transfer areas are 0.01115 m2 and 0.05203 m2, 

respectively. The fin efficiency for the internal webs is defined as follows: 
tanh(M · Lfin) 

T\fin = M. Lfin 
(77) 

For the water-side, the length of the fin is the port height, while the fin parameter M is 
calculated as follows: 

M= h water · P fin 

ktube · Afin 
(78) 

The thermal conductivity of aluminum is 192.1 W/m-K, while the fin perimeter and cross-
sectional area are given by: 

The fin thickness is calculated as follows: 
W tube - 2 · t tube - N port · W port 

t -----------fin- N -1 
port 

The tube thickness is given by: 
htube - hport 

ttube = 2 

(79) 

(80) 

(81) 

(82) 
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The tube outer height and width are 1.905 mm and 19.837 mm, respectively. For these tubes, 
the tube and fin thickness are 0.254 mm and 0.476 mm, respectively. The corresponding fin 
efficiency of 0.732 results in a total water-side heat transfer area of 0.0492 m2, and a water-
side heat transfer resistance of 7 .345 x 104 K/W. 

The wall resistance is found by first calculating an effective outer tube diameter by 
approximating it as a circular tube as follows: 

OD = Aouter,tube 2-wtube +4·htube +2-hinner,tube 
eff 7t. L 1t 

(83) 

In this case, the effective tube outside diameter is 16.02 mm, and the wall thickness is the 
previously calculated tube thickness (0.254 mm), which yields an effective tube ID of 15.51 
mm. The resulting wall resistance is 5.84 x 10·5 K/W. 

The insulation has a thermal conductivity of 0.019 W/m-K, thickness of 25.4 mm, 
and an outside diameter of 66.82 mm, yielding an insulation resistance of 26.16 K/W. 

As done in the secondary ambient heat loss calculation, an energy balance between 
the insulation surface and the ambient, and between the bulk water temperature and 
insulation surface, respectively, is used to determine the ambient heat loss. In this case, the 
heat lost to the ambient (T~20°C) in the test section is 1.21 W. 
Primary Loop 

The heat lost to the ambient in the rest of the primary loop is calculated from an 
analysis similar to that described for the test section and secondary heat exchangers. 
However, in this case, the water flow is through a single tube with an outside diameter of 
12.7 mm and a wall thickness of 0.889 mm, which yields an.inside diameter of 10.922 mm. 
For a volumetric flow rate of 6.35 liters per minute, the flow velocity is 1.11 mis, which 
results in a Reynolds number of 23,057 and a friction factor of 0.0253. These two 
parameters are used to find the Nusselt number using equation 72. The resulting Nusselt 
number is 123.5, which yields a heat transfer coefficient of 7320 W/m2-K. The procedure 
described in equations 64 through 70 is now followed to calculate the ambient heat loss in the 
rest of the primary loop. The total test section length used here includes the 12.7 mm tubing 
that connects the secondary heat exchanger to the test section heat exchanger, as well as 
"equivalent" lengths for the pump housing and flow meter. Figure 13 shows the outside of 
the pump housing, which has a total surface area of 0.0513 m2. The equivalent length is 
calculated as follows: 

A 
L equivalent = -D 1t. 

(84) 
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The resulting equivalent length of 12.7 mm tubing for the pump housing is 1.495 m. Figure 
14 shows the surface of the water flow meter, which has a surface area of 0.0944 m2. The 
resulting equivalent length is 2.37 m. Hence, the total length of the primary loop (minus the 
secondary heat exchanger length) is 9.85 m. 

Pump 
outlet 

46.04 

(a) 

69.85 
Pump 
inlet 

Pump 
outlet 

(b) 

88.9 
73.03 

Figure 13. Side (a) and Front (b) View Sketches of the Micropump Series 5000 
Model H21 Pump Housing (Measurements are in mm; Drawing Not to 
Scale) 

381 

• 
IE- 4 

~53.98 
(a) 

69.85 
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Figure 14. Side (a) and Front (b) View Sketch of the Dwyer RMC Series Volumetric 
Flow Meter (Measurements are in mm; Drawing Not to Scale) 
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With water, tube, insulation, radiation, natural convection and total resistances of 
4.041 x 104 K/W, 1.624 x 104 K/W, 1.368 K/W, 1.809 K/W, and 4.275 K/W, respectively, 
the heat lost to the ambient is 23.17 W. Therefore, the heat lost to the ambient from the 
entire primary loop (including the portion in the secondary and test heat exchangers) is 27.64 
W. 
Test Section Heat Duty Calculation 

The calculations described above are now combined in the overall primary loop 
energy balance as follows: 

Qtest =Qsec +Qambient -Qpump =180.7+27.64-24.73=183.6W (85) 

The corresponding values for each term for this sample case are also shown in the above 
equation. This equation shows that the net contribution of the extraneous heat transfer term 
(pump heat addition and ambient heat loss, which almost compensate each other) 1s 
extremely small (1.58% ), which validates this technique for heat duty measurement. 
Uncertainty Calculation 

By applying an uncertainty propagation technique to equation 1, the error in the test 
section heat duty can be found as follows: 

u2 =(i)Qtest u J2 
+( i)Qtest u J2 

Otest -:'IQ 0sec -:'IQ . Oambient 
0 sec O ambient 

( )
2 

+ i)Qtest U 
i)Q Opump 

pump 

Since the partial derivatives are either 1 or -1, equation 51 reduces to: 

u5test =(uosec )2 + (uoamb )2 + (uOpump f 

(86) 

(87) 

The pump heat addition and ambient heat loss calculations described above could have large 
uncertainties, and were conservatively estimated to be ±50%. For this case, the uncertainty 
in the pump heat addition and ambient heat loss are 12.37 Wand 13.82 W, respectively. 

The error in the secondary loop heat duty was found by applying an uncertainty 
propagation technique to equation 2, which results in the following: 

u2 =( i)Qsec u . )
2 

+( c)Qsec u )
2 

+( c)Qsec u )
2 

0sec am mw,sec dh . hw,sec,in dh hw,sec,out 
w,sec w ,sec,m w ,sec,out 

(88) 

The partial derivatives are evaluated as follows: 

c)Qsec = = 145.SkJ /kg a. w,sec 
mw,sec 

(89) 
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cJQsec = -rilw,sec = -l.24x 10-3kg/s 
dh w,sec,in 

cJQsec = rilw,sec =l.24x10-3 kg/s 
dh w ,sec,out 

(90) 

(91) 

The uncertainty in the mass flow rate is ±0.2% of the measured value (manufacturer 
specifications), which is, in this case, 2.48 x 10-6 kg/s. The uncertainty in enthalpy can be 
found as follows: 

(92) 

Therefore, the uncertainty in refrigerant inlet enthalpy is ±2.091 kJ/kg. Similarly, the 
uncertainty in the outlet enthalpy is ±2.089 kJ/kg. Therefore, the uncertainty in the 
secondary loop heat duty is ±3.68 W. This is combined with the uncertainty in the pump 
heat addition and ambient heat loss to calculate the uncertainty in the test section heat duty, 
which in this case is ±18.91 W. This result shows that the test section heat duty can be 
determined accurately (within ±10.3% in this case) using the technique in this study as long 
as the pump heat addition and ambient heat loss are small fractions of the test section heat 
duty. Figure 15 shows the test section heat duties, with their associated uncertainties, for test 
section S30. Figure 16 shows the test section and secondary heat duties, as well as the 
ambient heat loss and pump heat addition, for test section S30 at a nominal mass flux of 450 
kg/m2 -s. These figures show that the method described for calculating the test section heat 
duty is adequate. 

Test Section S30 Heat Transfer Coefficient and Uncertainty 
The procedures for the calculation of the condensation heat transfer coefficient and its 

associated uncertainty are described here for test section S30. The methods are illustrated 
with the same data point as in the test section heat duty calculation. 
Heat Transfer Coefficient Calculation 

where: 

The log mean temperature difference is defined as follows: 
LMTD = (~T1)-(~T2) 

test In[(~ T1 )/(~ T2 )] 

Tl = Ttest,sat,i - Ttest, w,out 

T 2 = Ttest,sat, o - Ttest, w,in 

(93) 

(94) 

(95) 
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Figure 15. Test Section S30 Heat Duty versus Quality for 150 < G < 750 kg/m2-s 
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Since the refrigerant enters and exits the test section as a two-phase mixture, the test section 
inlet and outlet temperatures are found from the measured test section inlet and outlet 
pressures. For inlet and outlet pressures of 1,546 kPa and 1,531 kPa, respectively, the 
saturation temperatures are 56.45°C and 56.04°C. Also, the test section primary coolant inlet 
and outlet temperatures are 53.0°C and 53.33°C, respectively, which results in a log mean 
temperature difference of 3.08 K. 

The condensation heat transfer coefficient for test section S30 is deduced from the 
overall heat transfer conductance U A, which is determined as follows: 

UA = Qtest 
test LMTD 

test 

(96) 

For this data point, the test section heat duty of 183.6 Wand log mean temperature difference 
of 3.08 K yield an overall UA of 59.6 WIK. 

The calculation of the water-side heat transfer coefficient was described with the test 
section heat duty calculation and estimated to be 27,652 W/m2 - K. The heat transfer area was 
also described in the same section, except that the brazed length of 0.3048 mis used here to 
result in an effective area of 0.03282 m2 and a resistance of 1.102 x 10-3 K/W. 

The port height and width for test section S30 are found in the same way as for the 
tube jackets, except that the height and width are the same for test section S30, which has a 
square cross section. For a total free flow area and wetted perimeter of 9.871 mm2 and 
51.816 mm, respectively, and 17 flow passages, the port height and width are both 0.762 
mm. The direct and indirect heat transfer areas are calculated as follows: 

Ad.water = 2 · N port · W port · L 

Aid,water = 2 · N port · hport · L 

(97) 

(98) 

Therefore, the direct and indirect heat transfer areas are both 7.897 x 10-3 m2. For the outer 
tube height of 1.524 mm and outer tube width of 19.05 mm, the tube and fin thickness are 
0.381 mm and 0.333 mm, respectively, which yield the fin perimeter and cross-sectional area 
of 0.6103 m and 101.62 mm2, respectively. However, the fin efficiency needs to be solved 
iteratively because it is a function of the refrigerant heat transfer coefficient. 

The wall resistance is determined as follows: 
R ttotal 

wan=k A 
tube · tube 

(99) 

The total wall thickness was the sum of the tube jacket and center tube wall thickness, which 
is 0.635 mm, while the thermal conductivity is 192.1 W/m-K. The tube area used for the 
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above calculation is based on the average contact area between the refrigerant and cooling 
water sides. Thus: 

AJ. in + AJ. out + Ac in + Ac out A - . . . . 
tube - 4 (100) 

The tube jacket outside area and inside (sum of the web thickness and the port width for all 
ports) areas are calculated as follows: 

Aj,out =2·L·w111be 

A j,in = 2 · L · l(N port - 1)· tfin + W port · N port J 

(101) 

(102) 

These 2 tube areas are 0.0121 m2 and 0.0118 m2, respectively. Similarly, the center tube 
outside and total bottom port areas are 0.0116 m2 and 0.0112 m2, respectively. Therefore, the 
total tube area is 0.0117 m2, which yields a tube-wall resistance of 2.825 x 104 K/W. 

The overall UA for the test section is defined as follows: 
1 

UAtest = ---------
R wall + R water + R refrigerant 

(103) 

With Rwall = 2.825 X 104 K/W, Rwater = 1.102 X 10-3 K/W, and UAtest = 59.63 W/K, the 
refrigerant-side heat transfer resistance is 0.0154 K/W. Based on this value, the ratio of 
refrigerant resistance to water resistance is 13.96. Clearly, the refrigerant heat transfer 
resistance dominates, which reduces the uncertainty in the condensation heat transfer 
coefficient. Figure 17 shows the resistance ratio as a function of mass flux for all the tests 
conducted in this study on test section S30. Whenever possible, the resistance ratios were 
kept above 3 to ensure the accuracy of the results. As Figure 18 shows, the resistance ratios 
were greater than 5 for all of the tests. Using the same procedure that was used for the tube 
jackets, with½ the port height equal to the fin height, the refrigerant-side fin efficiency and 
effective heat transfer area are 0.994 and 0.01574 m2, respectively, yielding a condensation 
heat transfer coefficient of 4,128 W/m2 -K. 
Uncertainty Calculation 

The uncertainty in the overall heat transfer conductance is calculated as follows: 

2 (auA J2 
( auA ) 2 

uuA = dQ uQ + dLMTD uLMTD (104) 

The partial derivatives are evaluated as follows: 

auA = 1 = 0.325 (1/K) 
dQ LMTD 

(105) 
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Q 2 = 19.35(W /K 2 ) 
(LMTD) 

(106) 

The uncertainty in the heat duty was previously found to be ±18.91 W, and the uncertainty in 
the log-mean temperature difference is calculated as follows: 

2 -(c)LMTD J2 (i)LMTD J2 (c)LMTD J2 (c)LMTD J2 (l07) UL.MID - ---UT + ---UT + ---UT + ---UT 
c)Thi dTho c)Tci c)Tco 
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Figure 17. Heat Transfer Resistance Ratio versus Mass Flux for Test Section S30 

The partial derivatives are calculated as follows: 
c)LMTD = 1 AT1 -AT2 1 =0.4957 

dThi ln(ATif AT2) [In(ATif AT2)]2 AT1 
(108) 

c)LMTD 
---= (109) 

c)LMTD = 1 AT1 -AT2 1 = 0_5044 
In(ATifAT2) [In(ATif AT2)]2 AT2 dT-Cl 

(110) 
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(111) 

The uncertainty in primary coolant temperature is given as ±0,5°C. However, the refrigerant 
temperatures are deduced from the pressure measurement, and this uncertainty is calculated 
as follows: 

The partial derivative of temperature with respect to pressure is given by: 
dT = T(P+up)-T(P-up) 
dP 2up 

(112) 

(113) 

The uncertainty in pressure measurement is ±13.79 kPa. Therefore, the elevated and reduced 
temperatures in equation 113 are 56.82°C and 56.09°C, respectively, which yield 
uncertainties in inlet and outlet refrigerant temperatures of ±0.37°C. (This uncertainty is 
lower than the RTD uncertainty and shows why the saturation pressure measurements were 
used instead of the directly measured temperatures.) Hence, the log mean temperature 
difference is known within ±0.44°C, and the overall UA is known within ±10.5 W/K (or 
±17.6%). 

Equation 103 can be re-written as follows: 
1 

h refg = ( / / ) (114) 1 UA-1 hwaterAwater -Rwall Arefg 

The propagation of uncertainty for the refrigerant heat transfer coefficient is as follows: 

2 (dhrefg J2 
( dhrefg J2 

uhrefg = auA UuA + dh uhwater (115) 
water 

The uncertainties in the heat transfer area and wall resistance are neglected. As a 
conservative estimate, the uncertainty in the water-side heat transfer coefficient is assumed to 
be ±25%, which is 6,913 W/m2-k in this case. The partial derivatives of refrigerant heat 
transfer coefficient with respect to overall U A and water-side heat transfer coefficient are as 
follows: 

dhrefg 1 1 1 2 -----C-= 2 2 = 75.47 m-
dVA Arefg {UA) (1/UA-1/hwaterAwater -Rwall) 

(116) 
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(117) 

As a result, the condensation refrigerant heat transfer coefficient of 4, 128 W /m2 - K is known 
within ±797.2 W/m2-K (or ±19.3%). The uncertainties in the condensation heat transfer 
coefficients for test section S30 can be seen in Figure 18. 
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Test Section S30 R-134a Condensation Heat Transfer Coefficient versus 
Quality for 150 kg/m2-s < G < 750 kg/m2-s 

Test Section RKlS Heat Transfer Coefficient and Uncertainty 
The condensation heat transfer coefficients for test section RK15 are calculated using 

the same methodology described above for test section S30, only with a rectangular port tube 
geometry. The cross-section of the refrigerant-side of test section RK15 can be seen in 
Figure 3 in Chapter 3. The outer tube jackets are exactly the same as for test section S30 (see 
Figures 7 and 8). For a total free flow area and wetted perimeter of 4.065 mm2 and 38.379 
mm, respectively, and 20 flow passages, the port height and width are 0.316 mm and 0.644 
mm, respectively, and the hydraulic diameter is 0.424 mm. The heat transfer coefficients and 
resistance ratios for test section RK15 are found using the method described for test section 
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S30. Figure 19 shows the resistance ratio as a function of mass flux for all the tests 
conducted in this study on test section RK15. All of the resistance ratios are above 5 to 
ensure low uncertaintes in the calculation of the condensation heat transfer coefficient from 
the measured UA. The heat transfer coefficients (with their associated uncertainties) as a 
function of quality are shown in Figure 20 for the mass flux range of 450 to 750 kg/m2 -s. 
The heat transfer coefficient increases with mass flux, especially at higher qualities, and 
quality. However, the uncertainty in the heat transfer coefficient is large for the high mass 
flux and quality points. This is due to the inaccuracy in the log mean temperature difference 
- at such high heat transfer coefficients and the low heat transfer duties for this test section 
with the smallest free flow area, the LMTD is extremely low, 1.4 K < LMTD < 2.76 K. The 
mass fluxes of 150 and 300 kg/m2 -s were not included for test section RK15 because of the 
inability to measure the extremely low flow rates required (6.097 x 104 and 1.219 x 10-5 kg/s 
for the 150 and 300 kg/m2-s mass flux cases, respectively). Only one point was included 
(with an average quality of 0.47, and Xin = 0.81 and Xout = 0.12) for the mass flux of 450 
kg/m2-s due to the low flow rate and test section heat duty. 

Significance of the Fin Efficiency of the Port Walls 
In the discussion thus far, the rnicrochannel port walls have been treated as fins with 

the associated efficiencies reflecting the fact that this surface area is not in direct contact with 
the cooling water side. However, if the fin efficiency approaches unity for the 
rnicrochannels, the indirect heat transfer area may be treated as direct area, with a negligible 
loss of accuracy. Figures 21 and 22 show the refrigerant-side and water-side fin efficiencies 
for the data points taken for test sections S30 and RK15, respectively. The refrigerant-side 
fin efficiencies are very near unity for both test sections, while the water-side fin efficiencies 
are about 25% less. This is due to the high thermal conductivity of Aluminum, the small fin 
height (1/2 the port height), and the relatively thick webs between the ports. Thus, these 
figures show that the refrigerant-side fin effects can be neglected, while the water-side fin 
effects cannot. Consequently, the fin effects on the water-side are included for the test 
sections with ports of circular and other shapes, while the refrigerant-side fin effects are 
neglected. 

Circular Channels 
Test Section C20 Heat Transfer Coefficient and Uncertainty 

The condensation heat transfer coefficients for test section C20 are calculated using 
the same methodology presented above for test section S30, with the only difference being 
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the tube geometry. The cross-section of the refrigerant-side of test section C20 can be seen 
in Figure 3 in Chapter 3. The outer tube jackets are exactly the same as for test section S30. 
The total free flow area and wetted perimeter of 4.645 mm2 and 36.703 mm, respectively, 
yields a hydraulic diameter of 0.506 mm for 23 flow passages. Neglecting refrigerant-side 
fin effects, the refrigerant heat transfer area is calculated as follows: 

A refrigerant = Ptotal · L (118) 

For a test section length of 0.3048 m, the refrigerant heat transfer area is 0.0112 m2. Figure 
23 shows the resistance ratio as a function of mass flux for all the tests conducted in this 
study on test section C20. All of the resistance ratios are above 5 to ensure low uncertainties 
in the calculation of the heat transfer coefficients. The heat transfer coefficients (with their 
associated uncertainties) as a function of quality are shown in Figure 24 for the mass flux 
range of 300 to 750 kg/m2-s. The heat transfer coefficients tend to increase with mass flux, 
especially at higher qualities, and quality. For the high quality and mass flux cases, the 
uncertainty in the heat transfer coefficients increases due to the low LMTDs at such high heat 
transfer coefficients. Furthermore, the mass flux of 150 kg/m2 -s was not tested for test 
section C20 because of the inability to accurately measure the low flow rate (6.967 x 104 

kg/s). In addition, even for a mass flux of 300 kg/m2-s, the low flow rate (1.39 x 10·3 kg/s) 
and correspondingly low heat duty (163.4 W) only allowed one data point representing 
condensation from x = 0.82 to x = 0.09. 

Test Section C30 Heat Transfer Coefficient and Uncertainty 
The cross-section of the refrigerant-side oftest section C30 can be seen in Figure 3 in 

Chapter 3. The total free flow area and wetted perimeter of 7.742 mm2 and 40.691 mm, 
respectively, yields a hydraulic diameter of0.761 mm for 17 flow passages. Figure 25 shows 
that the resistance ratios for all data points for this test section are > 5. The heat transfer 
coefficients (with their associated uncertainties) as a function of quality are shown in Figure 
26 for the mass flux range of 150 to 750 kg/m2-s. The heat transfer coefficients tend to 
increase with mass flux, especially at higher qualities, and quality. Only one data point 
representing condensation from x = 0.74 to x = 0.12 was taken for the mass flux of 150 
kg/m2-s due to the low flow rate (1.33 x 10·3 kg/s) and consequently low test section heat 
duty (106 W). 

Test Section C60 Heat Transfer Coefficient and Uncertainty 
The cross-section of the refrigerant-side of test section C60 can be seen in Figure 3 in 

Chapter 3. The total free flow area and wetted perimeter of 18.242 mm2 and 47.878 mm, 
respectively, yields a hydraulic diameter of 1.524 mm for 10 flow passages. Figure 27 shows 
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that the resistance ratios for all data points for this test section are > 5. The heat transfer 
coefficients (with their associated uncertainties) as a function of quality are shown in Figure 
28 for the mass flux range of 150 to 750 kg/m2-s. The heat transfer coefficients tend to 
increase with mass flux, especially at higher qualities, and quality, especially at higher mass 
fluxes. 

Other Microchannel Shapes 
Test Section B32 Heat Transfer Coefficient and Uncertainty 

The cross-section of the refrigerant-side of test section B32 with "barrel-shaped" 
ports can be seen in Figure 3 in Chapter 3. The total free flow area and wetted perimeter of 
10.00 mm2 and 50.056 mm, respectively, yields a hydraulic diameter of 0.762 mm for 14 
flow passages. Figure 29 shows that the resistance ratios for all data points for this test 
section are > 5. The heat transfer coefficients (with their associated uncertainties) as a 
function of quality are shown in Figure 30 for the mass flux range of 150 to 7 50 kg/m2 -s. 
Only one point was taken for the mass flux of 150 kg/m2-s representing condensation from x 
= 0.79 to x = 0.10 due to the low flow rate (1.5 x 10-3 kg/s) and consequently low test section 
heat duty (115.2 W). The data recorded on test section B32 seemed to be inconsistent with 
the expected mass flux trend. At lower qualities (x < 0.45), the mass fluxes of 600 and 750 
kg/m2 -s had lower or equal heat transfer coefficients than for G = 300 and 450 kg/m2 -s. At 
higher qualities, the G = 750 kg/m2-s data produced the highest heat transfer coefficients, but 
the G = 600 kg/m2 -s data were lower than · the G = 450 kg/m2 -s data. Due to these 
inexplicable trends, these data are not included in the further analysis of the results. 

Test Section N21 Heat Transfer Coefficient and Uncertainty 
The cross-section of the refrigerant-side of test section N21 can be seen in Figure 3 in 

Chapter 3. The total free flow area and wetted perimeter of 7.871 mm2 and 58.763 mm, 
respectively, yields a hydraulic diameter of 0.536 mm for 19 flow passages. Figure 31 shows 
that the resistance ratios for all data points for this test section are > 3. The heat transfer 
coefficients (with their associated uncertainties) as a function of quality are shown in Figure 
32 for the mass flux range of 150 to 750 kg/m2-s. The heat transfer coefficients tend to 
increase with mass flux, especially at higher qualities, and quality. Only one point for the 
mass flux of 150 kg/m2-s representing condensation from x = 0.71 to x = 0.03 due to the low 
flow rate ( 1.35 x 10-3 kg/s) and consequently low test section heat duty ( ~ 120 W), and two 
points for the mass flux of 300 kg/m2-s representing condensation from x = 0.6 to x = 0.1 and 
x = 0.93 to x = 0.33 due to small LMTDs ( ~ 1.9 K). 
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Test Section T33 Heat Transfer Coefficient and Uncertainty 
The cross-section of the refrigerant-side of test section T33 can be seen in Figure 3 in 

Chapter 3. The total free flow area and wetted perimeter of 13.419 mm2 and 64.008 mm, 
respectively, yields a hydraulic diameter of 0.839 mm for 19 flow passages. Figure 33 shows 
that the resistance ratios for all data points for this test section are > 3. The heat transfer 
coefficients (with their associated uncertainties) as a function of quality are shown in Figure 
34 for the mass flux range of 150 to 750 kg/m2 -s. The heat transfer coefficients tend to 
increase with mass flux, especially at higher qualities, and quality. With lower LMTDs (as 
low as 1.6 K), the high quality, high mass flux heat transfer coefficients tend to have large 
uncertainties. 

Test Section W29 Heat Transfer Coefficient and Uncertainty 
The cross-section of the refrigerant-side of test section W29 can be seen in Figure 3 

in Chapter 3. The total free flow area and wetted perimeter of 12.277 mm2 and 67.135 mm, 
respectively, yields a hydraulic diameter of 0. 732 mm for 19 flow passages. Figure 35 shows 
that the resistance ratios for nearly all data points for this test section are > 3. The heat 
transfer coefficients (with their associated uncertainties) as a function of quality are shown in 
Figure 36 for the mass flux range of 150 to 7 50 kg/m2 -s. The heat transfer coefficients tend 
to increase with mass flux, especially at higher qualities, and quality. The heat transfer 
coefficients for the highest quality at G = 750 kg/m2-s have large uncertainties due to the low 
log mean temperature difference. Only two points were taken for the mass flux of 150 
kg/m2-s representing condensation from x = 0.54 to x = 0.06 and x = 0.86 to x = 0.27 due to 
the low flow rate ( 1.8 x 10·3 kg/s) and consequently low test section heat duty ( ~ 110 W). 
The uncertainty in the high quality data points for the 750 kg/m2-s mass flux is extremely 
large (±114% of the value) due to the small LMTD ( 1.8 K). 
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CHAPTER FIVE: DISCUSSION OF RESULTS 

This chapter contains a discussion of the experimental results. The effects of 
hydraulic diameter and tube shape on the condensation heat transfer coefficients are 
presented first. Next, the data points are categorized according to the expected flow regime. 
Also, these results are compared with some of the literature on condensation heat transfer. 
Thereafter, flow regime based heat transfer correlations are developed for the microchannel 
tubes tested in these experiments. 

Effect of Dh on Condensation Heat Transfer Coefficients 
Test sections C20, C30, and C60 have circular microchannels with hydraulic 

diameters of 0.506 mm, 0.761 mm, and 1.524 mm, respectively. Figures 37-42 show the 
condensation heat transfer coefficients for test sections C20, C30, and C60 as a function of 
average vapor quality for each tested mass flux. For the nominal mass flux of 150 kg/m2 -s 
(Figure 37), no data were taken for test section C20, and one data point was taken for test 
section C30 due to the low required flow rates. Similarly, one and three data points were 
obtained for test section C20 at nominal mass fluxes of 300 and 450 kg/m2-s (see Figures 38 
and 39), respectively. For all other mass fluxes and test sections, larger data sets were 
collected. Figure 42 shows the mass flux and quality for all of the data points represented in 
Figures 37 through 42. This figure shows the variance of the mass flux within each nominal 
mass flux range. This shows that some of the variations in heat transfer coefficient presented 
in Figures 37-42 may be attributed to deviations from the nominal mass flux, rather than the 
hydraulic diameter. 

In general, Figures 37-41 show that the heat transfer coefficient increases with 
decreasing diameter. For the nominal mass flux of 150 kg/m2-s (Figure 37), the one data 
point for test section C30, with an average test section quality of 0.43, is about 20% higher 
than the trend for test section C60. However, it should be noted that the measured mass flux 
for this data point is about 10 kg/m2 -s higher than fluxes for test section C60, and the data 
point is not representative of local phenomena (this point has a quality change of 0.62 across 
the test section). 

For the nominal mass flux of 300 kg/m2 -s (Figure 38), the condensation heat transfer 
coefficient increases with decreasing diameter for average qualities above 0.45. At qualities 
below 0.45, the heat transfer coefficients are very similar for both test sections C30 and C60. 
With an average quality of 0.45, the one data point for test section C20 (representing average 
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as opposed to local phenomena due to the low flow rate) is about 10% higher than the 
data for test section C30. However, the mass flux for this point is about 20 kg/m2 -s higher 
than the mass flux for the data taken on test section C30, potentially masking the effect of 
hydraulic diameter. The data for test section C30 are about 10% higher than the data for test 
section C60 for qualities above 0.45. 

For the nominal mass flux of 450 kg/m2-s (Figure 39), the effect of hydraulic 
diameter becomes significant for qualities above about 0.45, with almost no effect seen 
below this quality. The heat transfer coefficients for test section C30 for qualities between 
0.45 and 0.65 are about 20% higher than those for test section C60, while the heat transfer 
coefficients for test section C20 are between 10% and 15% higher than those for test section 
C30 within this same quality range. Above a quality of 0.65, the heat transfer coefficients for 
test section C30 are about 40% higher than those for test section C60. However, due to the 
low LMTDs for these points (caused by a very large overall UA), the uncertainties for the 
test section C30 data are around 35%. Similarly, the heat transfer coefficients for test section 
C20 are about 10% higher than those for test section C30, but are known only to within 
±35% for qualities above 0.65. 

The condensation heat transfer coefficient also increases with decreasing diameter for 
the nominal mass flux of 600 kg/m2-s (Figure 40). The heat transfer coefficients for test 
section C30 are between 10% and 20% higher than those for test section C60 for qualities 
above 0.65, while test section C20 is between 25% and 40% higher than for test section C30 
for qualities above 0.45. The heat transfer coefficients for test section C30 for qualities 
above 0.65 are known to within between ±20% and ±30%. The test section C30 data for this 
mass flux are more accurate than for the mass flux of 450 kg/m2 -s because the test section 
heat duty can be larger for the same quality change, and this could allow for larger test 
section LMTDs if the increase in overall UA is lower than the heat duty increase. However, 
the C20 data for qualities > 0.45 are still known only to within ±35% due to the low LMTDs 
for the small flow rate and high overall U As. 

The heat transfer coefficients for the nominal mass flux of 750 kg/m2-s (Figure 41) 
yields somewhat different results than for the other mass fluxes. Very little difference exists 
between the heat transfer coefficients for test sections C30 and C60 for all qualities. 
However, the heat transfer coefficients for test section C20 are between 20% and 40% higher 
than for the other two test sections for qualities> 0.5. The uncertainties in these heat transfer 
coefficients for test section C20 are 33% and 55% (increasing with quality and, therefore, 
overall UA), which may indicate that not all of this difference can be attributed to the effect 
of hydraulic diameter. 
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In summary, the heat transfer coefficient increases between 10% and 40% for 
qualities above 0.45 as the diameter is reduced from 1.524 mm to 0.761 mm to 0.506 mm. 
This effect is more prominent for a decrease in hydraulic diameter from 0.761 mm to 0.506 
mm. The effect of hydraulic diameter may be explained on the basis of the flow regimes for 
the respective data points. For a given flow rate, for example, the quality at which the mist 
flow regime occurs will decrease with decreasing diameter due to increased interfacial 
shedding. As liquid entrainment increases, the heat transfer coefficient will increase due to 
the thinning of the liquid film Soliman (1986). The effect of flow regime will be discussed 
further in the section that discusses the assignment of flow regimes to the data points. 

Effect of Tube-Shape on Condensation Heat Transfer 
Coefficients 

This section discusses the effects of tube-shape on the condensation heat transfer 
coefficient. The heat transfer coefficients for test sections B32, C30, S30, T33, and W29 
were compared for the nominal mass flux range of 150 to 750 kg/m2-s. The circular tube 
(test section C30, Db= 0.761 mm) was used as the base tube for comparison with the barrel-
shaped tube (test section B32, Db = 0.769 mm), square tube (test section S30, Db = 0.762 
mm), triangle tube (test section T33, Db = 0.839 mm), and triangle-shaped insert tube (test 
section W29, Db = 0.732 mm). All these tubes have similar hydraulic diameters, with the 
primary difference being tube shape. 

Figures 43 through 47 show the condensation heat transfer coefficients for test 
sections B32, C30, S30, T33, and W29 as a function of average vapor quality for each tested 
mass flux. For the nominal mass flux of 150 kg/m2-s (Figure 43), one data point each was 
taken for test sections B32 (A1 = 10.0 mm2), C30 (A1 = 7.742 mm2), and S30 (A1 = 9.871 
mm2). Test section W29 has a larger free-flow area (12.277 mm2) than these test sections, 
but still only two data points were taken at this mass flux. Test section T33 has the highest 
free-flow area (13.419 mm2); therefore, six data points were taken for G = 150 kg/m2-s. For 
all other mass fluxes, the flow rates were high enough to maintain reasonable energy 
balances. Hence, data were taken for a wide range of average test section qualities for the 
nominal mass fluxes of 300 kg/m2-s, 450 kg/m2 -s, 600 kg/m2-s, and 750 kg/m2 -s. 

Test section B32 has higher heat transfer coefficients than test section C30, but this 
effect diminishes as the mass flux decreases. At a nominal mass flux of 150 kg/m2 -s, the 
heat transfer coefficient for the one data point for test section B32 is about twice as high as 
the one data point for test section C30. However, the uncertainty in this point for test section 
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B32, C30, S30, T33, and W29 with G = 750 kg/m2-s 
B32 is 35%, which may exaggerate this difference. At a nominal mass flux of 300 kg/m2-s, 
the heat transfer coefficients are higher for test section B32 than for test section C30, but the 
difference is smaller. The data for test section B32 are about 60% higher at a vapor quality 
of 0.18 and 20% higher at a quality of 0.67, with the percentage increase decreasing as the 
quality increases for this range. The results are similar for the nominal mass flux of 450 
kg/m2 -s, except that the test section B32 data are 40% higher at a quality of 0.19 and 10% 
higher at a quality of 0.8. However, the uncertainties for both test sections are between 19% 
and 34% (increasing with quality), which may affect the difference. As the mass flux is 
increased to 600 and 750 kg/m2 -s, the heat transfer coefficients for both test section B32 and 
C30 are very similar throughout the entire range of vapor qualities. These effects could be 
explained by looking at the trends in test section B32 data. As explained in Chapter 4, the 
data obtained for this test section seemed to be inconsistent with expected mass flux trend. 
The data for G = 450 kg/m2-s were higher than the data for G = 750 kg/m2-s for qualities 
below 0.45 and all of the G = 600 kg/m2 -s data. This should not be the case. Therefore, the 
data for test section B32 are presumed to be in error; either the low mass flux data are 
incorrect or the high mass flux data are incorrect. 

The heat transfer coefficients for test section S30 and C30 are very similar for all 
mass fluxes. For the nominal mass flux of 150 kg/m2-s, the available data points for test 
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sections S30 (x = 0.48) and C30 (x = 0.43) cannot be accurately compared due to the 
difference in quality, but they do not seem to be quantitatively different at equivalent 
qualities. At nominal mass fluxes of 300 and 450 kg/m2-s, the heat transfer coefficients for 
test section S30 are about 10% below the data for test section C30. However, the heat 
transfer coefficients for both test section are known to within ±15% to ±34% (increasing with 
quality), which implies that this difference is not significant. The nominal mass fluxes of 
600 and 750 kg/m2-s show virtually no difference between the heat transfer coefficients of 
test section S30 and C30. The hydraulic diameters for these two test sections are almost the 
same, so the difference between condensation heat transfer coefficients in square and circular 
ports may be minimal. 

Test sections T33 and W29 exhibit substantially higher condensation heat transfer 
coefficients than those for test section C30 (and B32 and S30). For a nominal mass flux of 
150 kg/m2 -s, the heat transfer coefficients for test section T33 are about twice those for test 
section C30. However, it should be noted that uncertainties associated with the data for test 
section T33 are rather high (±40%) due to the low flow rates. At a nominal mass flux of 300 
kg/m2 -s, the heat transfer coefficients for test section T33 are between 70% higher at a 
quality of 0.3 and 18% higher at a quality of 0.67 than for test section C30. The percent 
increase decreases almost linearly within this quality range. At a nominal mass flux of 450 
kg/m2-s, the heat transfer coefficients for test sections T33 are between 35% and 70% higher 
than for test section C30. The percentage increase decreases sharply from 70% to 35% as the 
quality is increased from 0.18 to 0.35, with the percentage increase being relatively constant 
at 35% at qualities above 0.35. However, for qualities above 0.35, both test section T33 and 
C30 have uncertainties ranging from 33% to 37%. For a nominal mass flux of 600 kg/m2-s, 
the heat transfer coefficients for test section T33 are known to within ±35% to ±50%, with 
the uncertainties increasing with quality, particularly for qualities above 0.5 due to the low 
LMTDs ( ~ 1.6 K). The trends in the heat transfer coefficients for test section T33 for the 
nominal mass flux range of 750 kg/m2-s are very similar to those described for the mass flux 
of 600 kg/m2-s. 

For a nominal mass flux of 150 kg/m2 -s, the data for test section W29 are about 10% 
to 15% higher than the data for test section C30, but the test section W29 data are known to 
within ±30%. For a nominal mass flux of 300 kg/m2-s, the heat transfer coefficients for test 
section W29 are between 8% and 20% higher than for test section C30. However, the 
uncertainties for all the data points of test sections W29 and C30 are within ±22% to ±31 %, 
which implies that the effect of tube shape may not be significant at this mass flux. For the 
nominal mass flux of 450 kg/m2 -s, the heat transfer coefficients for test section W29 are 
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between 10% and 20% higher than those for test section C30. Again, these heat transfer 
coefficients for both test sections are known only to within ±16% to ±35%. At the nominal 
mass flux of 600 kg/m2-s, the heat transfer coefficients for test section W29 are 25% higher 
at a quality of 0.2 than for test section C30, while for x > 0.2, the heat transfer coefficients 
are 50% to 60% higher. However, the data for test section W29 are known to within ±33% 
to ±62%, with the uncertainties increasing with quality. The reason for the large 
uncertainties is the small LMTDs ( ~ 1.8 K) at this flow rate, especially as the quality is 
increased. For the nominal mass flux of 750 kg/m2-s, the heat transfer coefficients for test 
section W29 are 25% higher at a quality of 0.15 than those for test section C30, and as much 
as 130% higher at a quality of 0.82. However, the data for test section W29 for x > 0.5 have 
extremely high uncertainties, as much as ±114% for the quality of 0.82, due to the low 
LMTDs ( ~ 1.8 K). 

Overall, test sections T33 and W29 seem to have the highest heat transfer 
coefficients, with the effect of tube shape not being very significant for the other test 
sections. However, the large pressure drops in these two test sections (as high as 210 kPa for 
test section W29) led to steep drops in the refrigerant saturation temperatures across the test 
section. This invariably lowers the LMTD, and in tum decreases the accuracy of the 
calculated UA values. 

Assignment of Flow Regimes to the Data 
To compare the experimental data for test sections C20, C30, and C60 with existing 

heat transfer correlations, the data were categorized based on the applicable flow regimes. 
Coleman (2000) provided transition criteria for assigning flow patterns to the data based on 
the mass flux, quality, and geometry. He presented flow visualization results for air/water 
mixtures for four round tubes and one rectangular tube (a= 0.725) with hydraulic diameters 
ranging from 1.3 mm to 5.5 mm. Coleman (2000) also presented adiabatic and condensation 
flow visualization experiments for R-134a flow inside one circular tube and ten rectangular 
tubes with hydraulic diameters and aspect ratios ranging from 1 mm to 4.91 mm and 0.5 to 1, 
respectively. R-134a pressure drop experiments were also conducted on the same test facility 
as the facility described for the heat transfer tests in this study (including the same test 
sections) for adiabatic and condensing flows. 

For the R-134a tests, Coleman (2000) observed four separate flow regimes: annular, 
wave, dispersed, and intermittent. Each flow regime was further subdivided into flow 
patterns. During the refrigerant condensation tests, the stratified flow regime (without a 
circumferential annular film) was not observed. 
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According to Coleman (2000), the annular flow regime is characterized by the 
separation of the liquid and gas phases. In this regime, a liquid film coats the circumference 
of the wall, and the vapor flows through the core with or without liquid droplet entrainment. 
The flow patterns within the annular flow regime include mist, annular ring, wave ring, wave 
packet, and annular film patterns. The mist flow pattern is the only flow pattern without a 
clearly discernable film and is characterized by a uniform vapor mist with liquid droplets 
entrained in the vapor. This could be considered a homogenous flow pattern. The annular 
ring pattern occurs when annular "rings" of liquid appear periodically in the flow, while the 
wave ring pattern occurs when these rings appear noticeably thicker on the bottom than on 
the top. The wave packet pattern occurs when a collection of waves, which do not reach the 
top of the tube, appear periodically in the flow, and the effect of gravity has increased in this 
flow pattern. The annular film pattern with typically a wavy liquid film exists for 
intermediate mass fluxes and qualities. 

In the wavy flow regime, the liquid flows primarily on the bottom of the tube while 
the vapor flows above the liquid with liquid waves at the interface. A thin liquid film exists 
around the vapor at the top of the tube, similar to annular flow. As the gas velocity increases, 
the interface becomes more Kelvin-Helmholtz unstable and the intensity of the waves 
increases until the dispersed wave flow pattern, which was characterized by a large number 
of secondary waves with no dominant wavelength or amplitude, is achieved. 

The dispersed flow regime exists when the liquid phase is turbulent and the vapor 
phase is either laminar or turbulent. When the vapor is laminar, small vapor bubbles form 
and congregate at the top of the tube; this flow pattern is characterized as bubble flow. As 
the vapor becomes turbulent, the bubbles disperse across the entire tube, thus becoming the 
dispersed bubble pattern. 

The intermittent flow regime is characterized by discontinuities in the liquid and 
vapor phases, where a continuous stream of intermittent vapor "plugs" or "slugs" surrounded 
by a liquid film is interrupted by slugs of liquid. The slug flow pattern occurs when the front 
of the vapor is rounded, while the rear could be vertical, inclined, or have elongated vapor 
trails. The liquid slugs also have vapor entrainment, and the vapor slugs could be 
acco~panied by large discrete waves. The plug flow pattern is similar to the slug flow 
pattern, except that there are no elongated trails and the vapor plugs are fairly uniform. The 
liquid surrounding the vapor slugs could be either stratified or non-stratified. 

Coleman (2000) investigated the effect of hydraulic diameter on the intermittent, 
annular, and wavy flow regimes by comparing the experimental data for condensing R-134a 
inside the 4 x 4 mm, 3 x 3 mm, 2 x 2 mm, and 1 x 1 mm tubes. Figure 48 shows the 
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transition from intermittent flow for the four rectangular tubes. Representing the transition 
lines on the mass flux versus quality graph facilitates the assignment of flow regimes to the 
data. The intermittent flow regime expanded as the hydraulic diameter decreased due to the 
increased influence of surface tension. The annular film and mist flow patterns within the 
annular flow regime were treated as separate flow patterns in Coleman's (2000) work. The 
upper and lower annular film flow pattern transitions for three of the four rectangular tubes 
are shown in Figure 49. Coleman (2000) did not observe this flow pattern for the 4 x 4 mm 
tube, while the 3 x 3 mm tube exhibited only a very small annular film region. However, the 
annular film flow pattern range increased dramatically as the diameter decreased. The lower 
limits of the mist flow pattern for the four square tubes are shown in Figure 50. The mist 
flow pattern increased in size as the tube diameter decreased. In the case of the 1 x 1 mm 
tube, the mist flow pattern encompassed nearly 40% of the data collected by Coleman 
(2000). As seen in Figure 51, the size of the wavy flow pattern decreased as the hydraulic 
diameter decreased, with the 1 x 1 mm tube exhibiting no wavy flow at all. It should be 
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noted that the intermittent regime and the annular film and mist flow patterns existed 
simultaneously in some cases, especially for the smaller diameters, which are transition 
flows. 

Figures 48-50 were used as a guide to estimate the corresponding transition lines for 
test sections C20, C30, and C60. It should be noted that the transition criteria developed by 
Coleman (2000) were for square tubes, whereas the tubes under consideration here are 
circular tubes. However, in the absence of relevant information from the literature, it was 
assumed that Coleman's criteria for tubes with similar hydraulic diameters may be used for 
these circular tubes. Since wavy flow did not exist for the 1 x 1 mm tube (Dh = 1 mm), it is 
assumed that wavy flow will not exist for either test section C20 (Dh = 0.506 mm) or C30 (Dh 

= 0.761 mm). Also, it is assumed that test section C60 (Dh = 1.524 mm) will have an 
insignificant wavy flow region; therefore, the wavy flow regime is neglected. 

Coleman's transition criteria for individual tubes were used to develop curve-fits for 
the circular tubes under consideration that accounted for the effect of hydraulic diameter. 
For example, the intermittent flow transition was represented as follows: 

G:::;a+b/x (119) 
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where: 
a= 16.67-137.5 · Dh (120) 

b=190-35·Dh (121) 

The hydraulic diameters for equations 120 and 121 are in mm. For test section C60, 
constants a and b are -192.9 and 136.7, respectively. Similar equations for the other 
transition lines were also developed and are provided in Appendix B. 

Figure 52 shows the upper limit of the intermittent flow regime for test sections C20, 
C30, and C60, as well as the experimental transitions developed by Coleman (2000) for the 
1 x 1 mm and 2 x 2 mm square tubes. This figure shows a dramatic increase in the 
intermittent flow pattern as the hydraulic diameter decreases. In fact, for test section C20, 
nearly all of the data points for a mass flux of 150 kg/m2-s are in the intermittent flow 
regime. The transitions for annular film and mist flows are found similarly, with the results 
presented graphically in Figures 53 and 54. Annular film flow encompasses almost the entire 
range of experimental data point gathered for this study, especially when the diameter is 
decreased. 
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The mist flow pattern covers a large portion of the experimental data, especially for high 
qualities and mass fluxes. As seen in Figures 52-54, there is a considerable overlap of flow 
patterns for these microchannel test sections. This could mean that the flow is transitioning 
between the respective flow regimes in the overlap regions during the condensation process 
(Coleman, 2000). 

Figures 55 through 57 show the experimental data with the transition lines for test 
sections C20, C30, and C60. Similar flow regime maps for the non-circular microchannel 
tubes are in Appendix C. During the condensation process, the flow changes from mist flow 
(where applicable) to annular film flow to intermittent, with large overlaps in the types of 
flow resulting in transition flow. The three types of transitioning flow seen in the data 
include: intermittent/annular, intermittent/annular/mist, and annular/mist. For all three 
circular tubes, only a small portion of the data exhibit only one kind of flow pattern (3.65% 
of the total data sets in intermittent, 19.5% in annular, and 12.2% in mist). Similarly, a small 
portion of the data is in transition regions adjacent to intermittent flow (11 % in 
intermittent/annular and 3.65% in intermittent/annular/mist). However, 50% of the data are 
in annular/mist transition flow. 

The flow regime designation presented here for the circular microchannel test 
sections is used as the basis for comparison of the measured heat transfer coefficients with 
the information available in the literature. It is also used to develop flow regime based 
models. 

Comparison with Existing Correlations 
This section presents a comparison of the data from the present study with the 

existing literature. As stated above, the experimental data points for the circular 
microchannel test sections were either intermittent, annular film, or a combination thereof. 
Within the annular flow regime, the data were in both the mist and annular film flow 
patterns. To facilitate a comparison of the measured heat transfer coefficients with the 
literature, data in the intermittent flow regime (including data that had overlapping 
intermittent and annular regimes) were referred to as intermittent regime data. The 
remaining points were considered to be annular regime data. The intermittent data includes 
18.3% of the circular microchannel tube data, while annular data are the remaining 81.7%. 
The gravity-driven correlations of Chato (1962), Jaster and Kosky (1976), and Rosson and 
Myers (1965), as well as the horizontal intermittent model of Tien et al. (1988), were 
compared with the intermittent data set. The annular flow data were compared with the 
shear-driven correlations of Soliman et al. (1968), Traviss et al. (1973), Cavallini and 
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Zecchin (1974), Shah (1979), Chen et al. (1987), and Moser et al. (1998), and the 
homogenous correlations of Boyko and Kruzhilin (1967) and Soliman (1986). Finally, all of 

800 

700 

.-. 
'!> 600 

N 
E ........ 

500 .._., 
>< 

400 LL 
U) 
U) 
ca 300 :!? 

200 

100 

\ 
I 

\ 
\ 

0\ \ 
\ 
\ 
\ 

\ \ \ 
\ 
\ 
\ 

\ 

" " ' 

0 ·. 
0 0 ··o 0 0 

0 0 0 0 ·. 
V ·. 

\ 

\ 0 
0 0 

\ ----- ----- ,__ --i---- ---- ---

'~ 

---------
0.0 0.1 0.2 0.3 0.4 0.5 0.6 0. 7 0.8 0.9 1.0 

0 

Quality 

Quality vs Mass Flux 
Intermittent Flow (Upper Limit) 
Annular Film Flow (Range) 
Mist Flow (Lower Limit) 

Figure 55. Experimental Data for Test Section C20 with Superimposed Transition 
Lines 



www.manaraa.com

800 

700 

.---. u, 
I 600 

N 
E 
----CJ) 500 
'-"' 
>< 
..2 400 L1. 
u, 
u, 
ca 300 :E 

200 

100 

I \ \o 0 
\ 0 
\ . 

\ \ 
\ 
\ 
\ 

"' \ 0 - '\\ 
0 

',\ 
0 \~,, 
\ 

0 ,.. 
r- g 

99 

' 

0 0 ·o 0 

0 0 1711 · •• .... 
V 

0 0 0 
C) 

...... ...... "--... -- ---- ..._ ___ ----\. n ----
V 0 

........ 
0 

---
0.0 0.1 0.2 0.3 0.4 0.5 0.6 0. 7 0.8 0.9 1.0 

Quality 

o Quality vs Mass Flux 
-- Intermittent Flow (Upper Limit) 
············· Annular Film Flow (Range) 
---- Mist Flow (Lower Limit) 

Figure 56. Experimental Data for Test Section C30 with Superimposed Transition 
Lines 



www.manaraa.com

800 

700 

Cf> 600 
N 

-E 
c, 500 
._.. 
>< 

400 u. 
u, 
u, 
ca 300 :E 

200 

100 

\ 
·. ·. 

1p 
I 
\ 
\ 

\ 
\ 
\ 
\ 
\ 

U\ u 
\ 
\ 

\ 
'\ 

\ 

\o '\ 
\ 

0 

0-\ ) 

\. 
\· .... 

p ( \ 

100 

0 p 
\O 0 

On 

n 
0 ·. 0 0 ·. ·. 

0 
0 0 0 o·· ... 

\. .. 

' ... ... 
', 

' ' ,, ...... ...... ...... _ _o 0 
u --0 ---- ----

' ·· .. ) 0 0 ' 
0.0 0.1 0.2 0.3 0.4 0;.5 0.6 o. 7 0.8 0.9 1.0 

Quality 

o Quality vs Mass Flux 
-- Intermittent Flow (Upper Limit) 
············· Annular Film Flow (Range) 
---- Mist Flow (Lower Limit) 

Figure 57. Experimental Data for Test Section C60 with Superimposed Transition 
Lines 



www.manaraa.com

101 

the data were compared with the flow regime-based correlations of Nitheanandan et al. 
(1990) and Dobson and Chato (1998). 

Intermittent Flow Data 
To facilitate the discussion, this section contains a sample calculation for each 

correlation for a data point collected for test section C30 (Dh = 0.761 mm), which is 
considered the baseline case for the intermittent flow regime. Relevant parameters required 
for these calculations are presented in Table 5. For an average test section quality of 0.272 
and a mass flux of 455.5 kg/m2-s, the experimental condensation heat transfer coefficient is 
3,179 W/m2-K. This data point is in both the intermittent and annular regimes (see Figure 
56). The wall temperature shown in Table 5 is required for some correlations, and was 
calculated using the experimentally measured heat transfer coefficient and the applicable 
resistance network. 

Table 5. Test Section C30 Data Point Summary for Baseline Comparison of 
Intermittent Data 

Variable Value Units 
G 455.5 kg/m"-s 
X 0.272 
h 3,179 W/m"-K 

Psat 1,378 kPa 
Tsai 51.77 oc 
Peril 4,059 kPa 

(j 0.004678 Nim 
h1v 149.7 kJ/kg 

Twall 48.79 oc 
Liquid Properties 

Pl 1,094 kg/m' 
k1 0.06941 W/m-K 

Cp, 1.58 kJ/kg-K 
µI 1.418 X lff" kg/m-s 
Pr1 3.228 

Vapor Properties 
Pv 69.54 kg/m' 
kv 0.0174 W/m-K 
µy 1.366 X lff" kg/m-s 

Chato (1962) 
Chato (1962) presented a Nusselt number correlation for laminar-film, gravity-driven 

condensation inside a horizontal tube. The results were compared to experiments conducted 
with R-113 condensing inside a 14.53 mm inside diameter tube at various inclinations. The 
Nusselt number correlation, as modified by Carey ( 1992), is as follows: 
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(122) 

where: 

h' = h (1+068 Cpl (Tsat -Twa11 )) Iv Iv · h 
Iv 

(123) 

Using the values in Table 5, equations 122 and 123 yield a Nusselt number of 39.2. The 
condensation heat transfer coefficient for this data point is, therefore, 3,576 W/m2-K. 

The condensation heat transfer coefficient as a function of average test section quality 
for the gravity-driven heat transfer correlations and the intermittent data from the present 
study on test section C30 are shown in Figures 58 through 60 for the nominal mass fluxes of 
300, 450, and 600 kg/m2-s, respectively. The nominal mass fluxes of 150 and 750 kg/m2-s 
have only one data point in the intermittent flow regime for test section C30, and are, 
therefore, not included. These figures show that the Chato (1962) correlation does not 
represent the experimental data very well. For these mass fluxes, the slope of the 
experimental heat transfer coefficients as a function of quality is steeper than that predicted 
by the Chato's (1962) correlation. In addition, Chato's (1962) correlation over-predicts all of 
the intermittent data. The primary reason for this lack of agreement may be that the Chato 
( 1962) correlation was derived for stratified flow condensation, which does not exist for the 
experimental data on test section C30. 
Jaster and Kosky (1976) 

Jaster and Kosky (1976) presented a Nusselt number correlation for the annular, 
stratified, and transition flow regimes. However, Carey (1992) and Dobson and Chato 
(1998) have considered the stratified flow correlation of Jaster and Kosky (1976) to be the 
most significant contribution because the variation of void fraction along the condensation 
process is included. The results compared favorably to their experimental data taken on 
steam/water condensation inside a horizontal tube (Dh = 12.5 mm) for 12.6 kg/m2-s < G < 
145 kg/m2-s. The stratified correlation with the modified enthalpy of vaporization suggested 
by Rohsenow ( 1956) is as follows: 

Nu= hD =0.725·a3/4[PI(P1-Pv)g·h1v -D3]114 (124) 
k1 k1 •µ1(Tsat -Twall) 

The void fraction required for this correlation is determined from the following correlation 
presented by Zivi (1964): 
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(125) 

The void fraction for the intermittent flow data point under consideration is 0.701. Hence, 
the Nusselt number is 39.4, which yields a condensation heat transfer coefficient of 3,592 
W /m2 - K. This stratified flow correlation is compared with the experimental data for test 
section C30 in Figures 58-60. For nominal mass fluxes of 300 and 450 kg/m2-s, the 
correlation over-predicts the data, but has a qualitatively similar slope. For the nominal mass 
flux of 750 kg/m2 -s, the intermittent data is predicted well by the correlation. 
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Rosson and Myers (1965) 
Rosson and Myers (1965) presented a condensation heat transfer correlation for 

stratified flow inside horizontal circular tubes. They accounted for film condensation on the 
top portion of the tube and forced-convective liquid pool heat transfer along the bottom. The 
result was compared with calculated values for condensation heat transfer coefficients for 
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methanol and acetone condensing inside a 9.53 mm nominal stainless steel pipe. Accounting 
for the effect of vapor shear on the liquid film, Rosson and Myers ( 1965) calculated the top 
Nusselt number as follows: 

Nu top = 0.3 l(G. x. Dh )o.12[P1 (P1 -Pv )g. h1v . D~ ]1/4 
µv k1 ·µ1(Tsat -Twall) 

(126) 

For the baseline case, the top Nusselt number is 63.5, which yields a heat transfer coefficient 
of 5,790 W/m2-K. 

For the bottom Nusselt number, a series of calculations needs to be made. The 
Reynolds numbers for the liquid and vapor phases flowing alone in the tube are calculated as 
follows: 

G·x·Dh 
Rev=----"--

µv 

(127) 

(128) 

In the baseline case, the liquid and vapor Reynolds numbers are 1,780 and 6,902, 
respectively. The corresponding liquid and vapor friction factors are calculated as follows: 

f = B · Re -n (129) 

For laminar flow (i.e. Re< 2000), the constants Band n are 16 and 1, respectively, while B = 
0.079 and n = 0.25 for turbulent flow (i.e. Re~ 2000). Rosson and Myers (1965) state that 
the Lockhart and Martinelli (1949) correlation used for calculating pressure drop does not 
consider the effect of waves, which may imply that laminar liquid flow is assumed. Also, 
Rosson and Myers (1965) do not show any alternative calculation to a laminar liquid film 
assumption. In addition, Carey's (1992) interpretation of Rosson and Myers (1965) states 
that the liquid film is always laminar for this correlation, and, hence, it is used here. Carey 
( 1992) also assumed that the vapor is always turbulent. Hence, turbulent vapor and laminar 
liquid are assumed here. Therefore, the baseline case yields liquid and vapor friction factors 
of 8.99 x 10-3 and 8.667 x 10-3, respectively. 

The frictional pressure gradient for the liquid and vapor phase flowing alone in the 
pipe are calculated as follows: 

(130) 
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(131) 

For the baseline case, the frictional pressure gradients for the liquid and vapor phases are 
2.375 kPa and 5.028 kPa, respectively. These frictional pressure gradients are used to define 
the Martinelli parameter as follows: 

X =[(:),l(::)J" (132) 

The Martinelli parameter in this case is 0.687. The Martinelli parameter is used to calculate 
the liquid two-phase friction multiplier (Lockhart and Martinelli 1949) for laminar liquid and 
turbulent vapor as follows: 

The two-phase multiplier in the baseline case is 4.536. 
The liquid pool Nusselt number is calculated as follows: 

<1>1,vi-J8Re1 
Nu bot = --------

5 + 5Pr1-1 In(l + 5Pr1) 

(133) 

(134) 

For the baseline case, the Nusselt number is 57.58, which yields a condensation heat transfer 
coefficient of 5,252 W/m2-K. 

The actual heat transfer coefficient is the average of the top and bottom Nusselt 
numbers based up the height of the liquid pool. The Galileo number is defined as follows: 

Ga=D~·P1(P1-Pv)g (l35) 
µf 

The baseline case has a Galileo number of 2.410 x 105• The parameter B is the ratio of the 
angle between the top of the tube and the liquid pool height to 180° and is defined as follows: 

O.27 · Re~·1 

1.74x10-5 -Ga 

,JRev·Re1 

R o.6 R o.s 
if ev . e1 <6.4x10-5 

Ga 

(136) 

Re0.6 Re0.5 
if v . I ~6.4x10-S 

Ga 

For the baseline case,~ is 0.001196, indicating that the liquid pool for this case is extremely 
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small, once again showing that the stratified flow assumption would be inapplicable. With 
this calculated value of~' the heat transfer coefficient is calculated as follows: 

h = · h 10P + (1-~)hbot (137) 

The condensation heat transfer coefficient for the baseline case is 5,252 W/m2-K. 
Figures 58-60 show the condensation heat transfer coefficients as predicted by 

Rosson and Myers (1965) compared with the experimental values for intermittent flow from 
the present study. For all of the intermittent data, the correlation of Rosson and Myers 
( 1965) severely over-predicts all of the intermittent data for test section C30. 
Tien et al. (1988) 

Tien et al. ( 1988) presented a condensation heat transfer correlation for non-annular 
(slug) flow inside horizontal tubes. The model assumes that the two-phase mixture flows in 
unit cells consisting of a stratified region and a slug region with a total vapor quality (x) and 
volume fraction (a). The stratified region is two-phase stratified flow (i.e. a liquid pool with 
vapor flow above) with a local quality (xb) and void fraction (Clo), while the slug region is 
liquid flowing at the saturation temperature. The system equations describing the slug 
hydrodynamics behavior are as follows: 

K xb -1 
ab x=---
K-1 

K = u~.:vg =('~ a X::)(1:x) 

(138) 

(139) 

(140) 

Neglecting the liquid film surrounding the vapor on the top portion of the tube, the void 
fraction of the stratified region is found from geometric considerations. The angle subtended 
from the top of the tube to the liquid pool level varies from 0 radians to 1t radians. If the 
liquid pool level is above the centerline (i.e. 8 < rr/2 radians), the void fraction of the 
stratified region can be found as follows: 

arcsin (sin ( e ))-1 sin ;28) I 
CX.b=---------

7t 
(141) 

The inverse sine of the sine of the subtended angle is to ensure that the value is less than rr/2 
radians, while the absolute value of the sine of the double angle is to ensure a positive value. 
If the subtended angle is below the centerline (i.e. 8 > rr/2 radians), the stratified region void 
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fraction is as follows: 

_ 7t-arcsin(sin(0))+1 sin;20)1 
ab __________ _ (142) 

7t 

Another assumption made by Tien et al. (1988) is that both phases in the slug unit have equal 
velocity head (i.e. equal kinetic energy per unit volume). This was presented in Smith (1969-
70) and results in the following: 

K= v~ (143) 

For a given quality and liquid and vapor properties, this equation defines the slip ratio. In the 
baseline case, the slip ratio is 3.966. Hence, there are four equations (138, 139, 140, and 141 
or 142) with five unknowns: a, ab, p, 0, and Xb-

Tien et al. ( 1988) apply momentum balances to the liquid and vapor phases in the 
stratified region, where the pressure drop in each phase is assumed to be equal. They also 
assume that the vapor phase travels at a much higher velocity than the liquid phase. They 
show the result of this analysis in the following non-dimensional form: 

( ~ J0.2( )1.8 ~ ( ) ~ ( )0.2( )( )1.8 ~L 1-ab Sy 1-a~ +Si= µI 1-xb 
Dy ab ab· SL µy P1 xb 

(144) 

where: 
SL= Jt-0 (145) 

Sy= 0 (146) 

Si = I sin ( 0) I (147) 

For 0 < 7r/2 radians, the dimensionless liquid and vapor hydraulic diameters are as follows: 
0 sin(2-0) 7t- +---

D L = 7t - 0 + sin2( 0) ( 148) 

0 _ sin(2-0) 
~ 2 
DY= 0+sin(0) (149) 

For 0 > 7r/2 radians, the dimensionless liquid and vapor hydraulic diameters are as follows: 
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~ arcsin(sin(e))-1 sin~· 9) I 
D =-----~,_--'-

v 7t - e + sin ( e) 
(150) 

~ 7t- arcsin(sin (0 ))+ I sin~· 8) I 
D =----------

v 0 + sin(0) 
(151) 

The fifth required equation is realized by substituting equations 145 through 147 and either 
148 and 149 or 150 and 151 into equation 144. After solving the five equations 
simultaneously, the five unknowns are found. For the intermittent flow baseline case, the 
void fractions of the unit cell and stratified region are 0.5971 and 0.6743, respectively, which 
yields a two-phase stratified region length to unit cell length ratio (~) of 0.8855. The local 
stratified region vapor quality is 0.3072, while the angle subtended from the top of the tube to 
the liquid pool level is 1.852 radians. 

The film condensation .and liquid pool Nusselt numbers for the stratified region are as 
follows: 

R 0.9 1-xb 
e10 

( J0.9 

N _ 0.15166 I-ab 
upool - :50.1 5 

L 5 + - ln ( 5 · Pr1 + l) 
Pr1 

The liquid-only Reynolds number is defined as follows: 
G·Dh 

Reio=--
µ! 

(152) 

(153) 

(154) 

The heat transfer factor F is calculated from a curve fit developed by the present author of the 
graph presented in Tien et al. ( 1988), which results in the following: 

F =- 2.02067 · 10-2 · 02 + 1.94892- 10-30 +9.16109E · 10-1 

The liquid Jakob number is defined as follows: 
Cp1(Tsat -Twall) 

Ja1=------
h1v 

(155) 

(156) 

The Jakob number is 0.03145 for the baseline case. For the subtended angle of 1.852, the 
heat transfer factor F is 0.8504, which yields a film condensation Nusselt number of 59.98. 
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For a dimensionless liquid hydraulic diameter of 0.455 and a liquid-only Reynolds number of 
2,445, the liquid pool Nusselt number is 38.57 in the baseline case. 

The single-phase liquid slug Nusselt number is calculated as follows: 

{
3.658 if Re 10 < 2400 

NuL = 
0.023 · Re~8 · Pri°-3 if Re 10 > 2400 

(157) 

The liquid slug Nusselt number is 16. 79 in the baseline case. 
The overall Nusselt number was a flow regime average between two-phase stratified 

and single phase liquid slug flow as follows: 

Nu~[ Nufilm ! +NuP00{1-!)]P+NudI-P) (158) 

For the baseline case, the overall Nusselt number is 47.25, which yields a condensation heat 
transfer coefficient of 4,310 W/m2-K. 

Figures 58 through 60 show the experimental data for intermittent flow for test 
section C30 compared with the correlation of Tien et al. ( 1988). All of the intermittent data 
are over-predicted by the correlation. As stated above, while condensing in microchannels, 
the flow changes from mist to annular to intermittent. In the model by Tien et al. (1988), the 
condensation path was assumed to travel from annular to stratified to intermittent. Therefore, 
the differences in modeling the vapor region (with the stratified liquid pool) might account 
for the differences between the data and this model. 

Annular Flow Data 
Annular flow data from the present study are compared here with the relevant 

correlations from the literature. A sample calculation for each correlation at a mass flux of 
472.05 kg/m2-s and a quality of 0.432 is also included. Relevant parameters required for 
these calculations are presented in Table 6. For this test condition for tube C60 (Dh = 1.524 
mm), the experimental heat transfer coefficient is 3,908.7 W/m2-K. This data point is in the 
annular flow regime (see Figure 57). The wall temperature shown in Table 6 is required for 
some correlations, and was calculated using the experimentally measured heat transfer 
coefficient and the applicable resistance network. 
Shear-Driven Correlations 
Soliman et al. ( 1968) 

Soliman et al. ( 1968) presented an analytical model for annular flow condensation 
inside horizontal tubes. Their results were compared with experimental data obtained on 
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Test Section C60 Data Point Summary for Baseline Comparison of 
Annular Data 

Variable Value Units 
G 472.05 kg/mL-s 
X 0.423 
H 3,908.7 W/m"--K 

Psat 1,434.45 kPa 
Tsai 53.39 oc 
Peril 4,059 kPa 

4.485 X lff-' Nim 
h1v 147.73 kJ/kg 

Twa11 49.20 oc 
Liauid Proverties 

01 1,086 kg/m-' 
k1 0.06851 W/m-K 

Co1 1.594 kJ/kg-K 
U1 1.386 X 10--+ kg/m-s 

Pr1 3.225 
Vapor Properties 

Pv 72.7 kg/m-' 
kv 0.01758 W/m-K 
Uv 1.377 X 10-J kg/m-s 

steam, R-113, ethanol, methanol, toluene, trichloroethylene, and R-22 for condensation 
inside vertical and horizontal tubes of diameters ranging from 7.44 mm to 1.1 .66 mm. To 
calculate the local condensation heat transfer coefficient while in annular flow, the wall shear 
stress in the laminar sublayer (the main resistance to heat transfer) needs to be calculated. 
Soliman et al. (1968) proposed (as did Carpenter and Colburn, 1951) that the wall shear 
stress was the sum of the gravity, momentum (due to condensation), and friction 

contributions. For horizontal flow, the gravity contribution is negligible. From a careful 
analysis of the conservation equations, Soliman et al. (1968) derived the momentum 
contribution. The ratio of interface velocity to mean film velocity (A) is either 1.25 for 
turbulent film flow, or 2 for laminar film flow. The liquid film Reynolds number is 2,995; 
hence, 'A, is 1.25 in this case. 

where: 

The shear stress due to momentum is calculated as follows: 

't = Dh Q___ dx f a ( 2 J ( Jn/3 
m 4 Pv dz n=l n P1 

a1 = 2 · x -1- A · x 

a 2 =2(1-x) 

a 3 = 2( 1 - X - A + A · X) 

(159) 

(160) 

(161) 

(162) 
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1 a4 =--3+2·x 
X 

(163) 

(164) 

The rate of condensation is assumed to be approximately constant; therefore, the following is 
used to approximate the derivative in equation 159: 

dx 
-=-
dz !l.z 

(165) 

The test section quality change for the data point under consideration for a heat exchanger 
length of 0.3048 m is 0.214. Hence, the derivative is approximately 0.702 m-1. The 
constants a1 through a5 are -0.683, 1.154, -0.289, 0.210, and-0.984, respectively. Hence the 
momentum contribution to wall shear stress is 0.0914 Pa. 

Soliman et al. ( 1968) calculated the frictional contribution to the shear stress as 
follows: 

'tf = 0.0225 G 2 Re~~-2 
Pv 

( )
0.0523 ( )0.261 

xl.8 + 5.7 (1- x)°-47 xl.33 :; 

( )
0.105 ( )0.522 

+8.11 (1-x)°-94X0.86 :; 

The vapor-only Reynolds number is calculated as follows: 
G·Dh Revo =---"--

µv 

(166) 

(167) 

For the annular flow baseline case, the vapor-only Reynolds number is 52,244. Therefore, 
the frictional shear stress is 13.43 Pa. 

The condensation heat transfer coefficient is calculated as follows: 
k pl/2 

h = 0.036 1 1 Pri°-65 · -r!12 
µI 

(168) 

The total shear stress is the sum of the friction and momentum ( and gravity for inclined 
tubes) contributions, which is 13.52 Pa in the baseline case. Therefore, the condensation heat 
transfer coefficient for this point is 4,616 W/m2-K. 

Figures 61 through 65 show the correlation by Soliman et al. ( 1968) compared with 
the experimental data for test section C60 from the present study for the nominal mass fluxes 
of 150, 300, 450, 600, and 750 kg/m2 -s, respectively. For the nominal mass flux of 150 
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kg/m2-s, the data are under-predicted by the correlation of Soliman et al. (1968). For all 
other mass fluxes, the data are over-predicted by Soliman et al. ( 1968) for qualities up to 0.5 
to 0.7. At qualities above this, Soliman et al. (1968) under-predicts the data. The correlation 
does predict the data fairly well, however. For all mass fluxes except G = 150 kg/m2-s, the 
predictions by Soliman et al. (1968) are within ±30% of the data from the present study. 
However, because the slope of the experimental data is steeper (causing over- and under-
prediction), qualitative agreement is not achieved. Also, at high qualities, liquid entrainment 
in the vapor core may be high, a phenomenon neglected in the model by Soliman et al. 
(1968). 
Traviss et al. ( 197 3) 

Traviss et al. (1973) presented a forced-convective Nusselt number model for annular 
flow condensation using a boundary layer approach. The results were compared with 
experiments conducted on R-12 and R-22 condensing in an 8 mm tube. The analogy 
between heat transfer and momentum was applied using the von Karman universal velocity 
distribution in the liquid film. The resulting Nusselt number correlation is as follows: 

N _ 0.15-Prr Re?·9 [ 1 2.85 ] U---------+---F X X0.476 
tt tt 

(169) 

where: 
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F= (170) 
if 50 < Re 1 < 1125 

0.707 · Pr1 · Ref·5 if Re 1 < 50 

The function F represents the resistance to heat transfer in the laminar sublayer, buffer, and 
turbulent regions in the annular film. Since the liquid Reynolds number is 2,995 for the 
baseline case for annular flow, the parameter Fis 32.16. 

The turbulent vapor/turbulent liquid Martinelli parameter is calculated as follows: 

( _ )0.9[ J0.5[ JO.I X = !__2 µI 
tt 

X P1 µv 
(171) 

The annular flow baseline case has a turbulent/turbulent Martinelli parameter of 0.431. 
Therefore, the Nusselt number is 132.98, which yields a condensation heat transfer 
coefficient of 5,980 W/m2-K. 

Figures 61 through 65 show the correlation of Traviss et al. (1973) compared with the 
experimental data for each of the mass fluxes. For all mass fluxes and qualities, the 
correlation of Traviss et al. ( 1973) over-predicts the experimental data. Qualitatively, the 
slope of the correlation curve is higher at lower qualities and lower at higher qualities than 
the experimental data. In fact, Traviss et al. ( 1973) stated that their correlation did not fit 

their data well at higher qualities, possibly due to the effect of liquid entrainment. 
Cavallini and Zecchin ( 1974) 

Cavallini and Zecchin (1974) presented an empirical dimensionless correlation for 
forced-convective condensation inside smooth horizontal tubes. The results of their analysis 
were compared with data gathered for the condensation of R-11, R-22, and R-114 inside 
horizontal tubes. The simple dimensionless correlation is as follows: 

Nu= 0.0344· Re?~"[1+ x[ (::J°' -1]]°'2 
Pr1°35 (172) 

where: 

(173) 
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The liquid-only Reynolds number for the baseline case is 5,191. Therefore, the Nusselt 
number for the annular flow baseline case is 120.47, which yields a condensation heat 
transfer coefficient of 5,416 W /m2 - K. 

Figures 61 through 65 show the correlation by Cavallini and Zecchin (1974) 
compared with the experimental data from the present study. This empirical correlation 
over-predicts the experimental data for all mass fluxes and qualities. However, this 
correlation does not over-predict the data as much as the correlation by Traviss et al. (1973). 
For the lowest mass flux, all of the data are predicted by the correlation to within ±17%, but 
all of the data are over-predicted. For a nominal mass flux of 300 kg/m2 -s, the data above an 
average test section quality of 0.6 are over-predicted by up to 20%. However, the data are 
over-predicted below this quality by as much as 50%. Also, similar trends are seen for the 
other mass fluxes. For all mass fluxes, the error between the correlation and the data 
decreases with increasing quality. 
Shah (1979) 

The empirical correlation developed by Shah (1979) was adapted from his previous 
work on convective boiling. By neglecting the term for nucleate boiling, the following 
correlation was proposed: 

h = h DB (1- X )°-8 + . . X - X [ 3 8. 0.76 (1 )0.04] 
(P/Pcrit )°-38 

where the single-phase Dittus-Boelter equation is as follows: 
hoB = 0.023 · Ref·8 · Pri°-4 · k1 /oh 

(174) 

(175) 

The single-phase heat transfer coefficient is 1,549 W/m2-K for the annular flow baseline 
case. Hence, the condensation heat transfer coefficient is 5,444 W/m2-K. 

Figures 61 through 65 show the correlation by Shah (1979) compared with the 
experimental data from the present study. The correlation over-predicts the data for all mass 
fluxes and qualities. Also, the values predicted by Shah (1979) are nearly identical to the 
values predicted by Cavallini and Zecchin (1974), with the difference between the 
correlations being less than ±5% of the values predicted by Shah (1979). Also, the trends 
stated above for the Cavallini and Zecchin (1974) correlation are the same for the Shah 
(1979) correlation. It is important to note, however, that Shah (1979) recommends this 
correlation for the tube diameter range of 7 mm to 40 mm and for the limited mass flux range 
11 5 G 5 211 kg/m2-s. Therefore, this correlation may not accurately represent condensation 
inside the smaller diameter tubes considered in this study. 
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Chen et al. (1987) 
Chen et al. ( 1987) presented annular flow condensation models for vertical and 

horizontal tubes. The horizontal flow correlation, which neglects the gravity terms, is as 
follows: 

[ 
0252·µ1.177 •µ0.156 \ 

Nu = 0.036. Prf65. (Reio - Rei)°-7 . Re?·2 ; 2/3 I o.553 v 0.78 j 
Dh ·g ·P1 ·Pv 

(176) 

The Nusselt number is defined as follows: 

Nu=!_ J:!_ [ 2 Jl/3 
k1 pf' g 

(177) 

For the annular flow baseline case, the Nusselt number is 0.782, which yields a condensation 
heat transfer coefficient of 4,525 W/m2-K. 

Figures 61 through 65 show the correlation of Chen et al. ( 1987) compared with the 
experimental data for the present study. This correlation does an excellent job of predicting 
the data: all of the test section C6O annular data are within ±27% of the experimental value. 
At the lowest mass flux, however, the data are under-predicted by Chen et al. (1987). Also, 
at the highest qualities, the correlation under-predicts the experimental data. This correlation 
is an adaptation of the work done by Soliman et al. (1968). The shear stress at the wall was 
replaced by Dukler's (1960) relation for dimensionless shear stress in adiabatic two-phase 
vertical annular flow, which may account for the quantitative difference. However, these 
differences are not great, mostly within the uncertainties of the experimental heat transfer 
coefficients. 
Moser et al. (1998) 

Moser et al. (1998) presented a new equivalent Reynolds number model for 
condensation heat transfer coefficient prediction. The new equivalent Reynolds number 
represents an equivalent all-liquid annular flow, where a liquid core is surrounded by a liquid 
film moving at a different, slower velocity. The shear between these two liquids drives the 
heat transfer. They compared the results with local and average condensation data from 
various authors for tube diameters ranging from 3.14 to 20 mm. 

The two-phase Froude number and homogeneous density required for the model are 
calculated as follows: 

(178) 
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( J-1 
X 1-X 

Ptp = Pv +P! (179) 

For a homogeneous density of 157.49 kg/m3, the two-phase Froude number is 600.94 for the 
annular flow baseline case. The Weber number is defined as follows: 

G2 ·D 
We 1P =--

CJ· Ptp 

The Weber number in the baseline case is 480.79. 

(180) 

The friction factors for the liquid-only and vapor-only flow are defined by equation 
129. Since the liquid-only and vapor-only Reynolds numbers are 5,191 and 52,244, 
respectively, and are turbulent, the corresponding friction factors, according to the Blasius 
equation (equation 129), are 0.0093 and 0.0052, respectively. 

The equivalent Reynolds number model is a modification of the work by Akers et al. 
(1959) and is as follows: 

where the liquid-only two-phase multiplier is defined by (Friedel, 1979) as follows: 

<1> 2 =E+ 3.24-H 082) 
lo Fr0.045. We0.035 

tp tp 

and: 

(183) 

(184) 

For the baseline case, the liquid-only two-phase multiplier is 2.826, which yields an 
equivalent Reynolds number of 17,016. 

The Nusselt number correlation used by Moser et al. (1998) was based on the single-
phase correlation by Petukhov (1970), which resulted in the following: 

0.0994 0.126·Pr1-o.448 . Re~O.I IJPr1-o.s63. Re~O.l 1025-Pr1-o.44s. Pri°-815 

Nu= ( V 213 \ 1.58 · In Reeq-3.28)\2.58 • In Reeq+ 13.7 · Pr1 -19.lJ 
(185) 

For the annular flow baseline case, the Nusselt number is 101.07, which yields the 
condensation heat transfer coefficient of 4,544 W/m2-K. 
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Figures 61 through 65 show the correlation developed by Moser et al. (1998) 
compared with the experimental data from the present study. The correlation by Moser et al. 
(1998) predicts the data well. About 87.5% of the test section C60 data are predicted within 
±25% of the experimental values. This correlation was based on data for tubes with 3.14 mm 
< Dh < 20 mm. This diameter range is the closest to the tubes studied here from all the shear-
driven correlations in the literature. 
Homogenous Correlations 
Boyko and Kruzhilin ( 1967) 

Boyko and Kruzhilin ( 1967) presented a modification to the work of Ananiev et al. 
(1961), which stated that the condensation heat transfer coefficient was equal to Mikheev's 
(1956) formula for single phase heat transfer, which is as follows: 

( )
0.25 

Nu mik = 0.024 · Re?~8 Pri°-43 
Pr1,w 

(186) 

The Prandtl number evaluated at the wall temperature of 49.20°C is 3.235. Therefore, the 
Nusselt number in the annular flow baseline case is 32.22, which yields a heat transfer 
coefficient of 1,673 W/m2-K. The two-phase heat transfer coefficient is found as follows: 

h = hmik (187) 
VPtp 

For the baseline case, the two-phase heat transfer coefficient is 4,393 W/rrc-K. 
Figures 61 through 65 show the correlation of Boyko and Kruzhilin (1967) compared 

with the experimental data from the present study. This correlation predicts the data quite 
well: 96.8% of the test section C60 annular flow data are within ±25% of the experimental 
value. However, the constant used here (0.024) was for stainless steel tube data, not 
aluminum (the metal used for the construction of the microchannel test sections). Boyko and 
Kruzhilin (1967) also suggested that a constant of 0.032 be used for copper tubes. As noted 
by Carey (1992), the fact that different constants were required for different tube-fluid 
combinations may reduce the usefulness of the correlation. 
Soliman ( 1986) 

Soliman ( 1986) presented a condensation heat transfer coefficient model for mist 
flow. The modified Weber number used by Soliman (1983) is defined as follows: 
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if Re1 1,250 

(188) 

0.85-Re~·79( µ~ J0.3[(µv J2(2LJ]0.084(_&_J0.157 if Rei> 1,250 
Pv·CT·Dh µI Pv <J>~·55 

The vapor two-phase multiplier is defined by Lockhart and Martinelli ( 1949) as follows: 
<l>v = 1 + 1.09 · x?t·039 (189) 

This two-phase multiplier is 2.055 for the annular flow baseline case, which yields a Weber 
number of 15.26. 

For the mist flow region, the following correlation for the Nusselt number was 
proposed: 

(190) 

where: 

(191) 

(192) 

The mixture viscosity is 2.867 kg/m-s for the baseline case, which yields a Reynolds number 
of 25,094. Therefore, the baseline case has a Nusselt number of 95.02, which yields a 
condensation heat transfer coefficient of 4,272 W/m2-K. As specified by the author, the 
modified Weber number must be above 30 to use this correlation. For the baseline case, the 
modified Weber number is 15.26, which does not meet this criterion. In fact, none of the 
condensation heat transfer data for test section C6O can meet this criterion. To obtain this 
Weber number criterion, Soliman (1986) compared the correlation of Akers et al. (1959) with 
data from a variety of horizontal and vertical tube data sets, which included steam, R-113, 
and R-12 condensing inside tubes ranging in diameter from 7.4 to 12.7 mm. Therefore, this 
Weber number model may not be valid for either R-134a and/or small tube diameters. 

The correlation is compared with the experimental data from the present study in 
Figures 61 through 65. For the nominal mass fluxes of 150 and 300 kg/m2-s, the data are 
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predicted within ±16%, with better agreement as the quality increases. For the remaining 
mass fluxes, the data are predicted well for qualities < 0.5. Above this quality, the data are 
over-predicted by the correlation between 20% and 35%. Since mist flow usually happens at 
high qualities and mass fluxes, this may mean that the correlation is not appropriate for small 
diameter tubes. 

Flow Regime-Based Correlations 
In this section, both the intermittent and annular data are compared with existing flow 

regime-based heat transfer correlations. To facilitate the discussion, this section contains a 
sample calculation for each correlation for the annular flow data point presented in Table 6 
for test section C60. 
Nitheanandan et al. (1990) 

Nitheanandan et al. (1990) developed an approach for the design of condensers using 
flow regime criteria. They used an existing heat transfer database, which included R-12, R-
113, and steam condensing inside tubes with diameters ranging from 7.4 to 15.9 mm, to 
develop this approach. The type of flow was divided into three regimes: wavy, annular, and 
mist flow. For annular flow, the correlation presented by Shah (1979) is used. For mist 
flow, the correlation by Soliman (1986) is used. For the baseline case, the correlations by 
Shah (1979) and Soliman (1986) yield condensation heat transfer coefficients of 5,444 
W/m2-K and 4,272 W/m2-K, respectively. 

For wavy flow, the correlation presented by Akers and Rosson ( 1960) is used, which 
is as follows: 

Nu= 

[ 
o 5 ]2/3 0.1 Pri'13 Rev(~;l~:) . 

if Rev(µv Y £LJO.S < 20,000 
µ1_A_Pv 

if Rev(µv y fLJO.S :2'. 20,000 
µI APv 

(193) 

For the baseline case, this Nusselt number is 208.6, which yields a condensation heat transfer 
coefficient of 9,376 W/m2-K. 
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To distinguish between wavy and mist/annular flow, Nitheanandan et al. (1990) used 
the modified Froude number proposed by Soliman ( 1982), which is as follows: 

0.025 · Re~·59 ( 1 + l.09 · x?t-039 j 1.
5 l if Re 1 $1,250 

Xtt ) Ga 0·5 

(194) 

if Re 1 > 1,250 

For modified Froude numbers < 7, the flow is wavy, while a modified Froude number~ 7 
means the flow is either mist or annular. In the baseline case, the modified Froude number is 
38.36, which means the flow is either mist or annular. 

To distinguish between mist and annular flows, the modified Weber number 
presented by Soliman (1983) is used, which is 15.26 in this case. For modified Weber 
numbers< 40, the flow is annular, while Weber numbers~ 40 result in mist flow. Therefore, 
the flow is annular for the baseline case, and the condensation heat transfer coefficient, as 
determined by Shah (1979), is 5,444 W/m2-K. In fact, none of the heat transfer data on the 
circular microchannels were in the mist flow region based on this criteriton, which is not the 
case in the present study. 

Figures 66 through 70 show the correlation of Nitheanandan et al. ( 1990) compared 
with the experimental data. Based on the modified Froude number criteria, only the lowest 
quality at the lowest mass flux lies in the wavy flow regime. At this point, the correlation of 
Akers and Rosson (1960) substantially over-predicts the experimental heat transfer 
coefficient (6,580 W/m2-K vs. 1,670 W/m2-K for the experimental data). This point was not 
included on Figure 66 to allow for closer examination of the other data points. Moreover, the 
rest of the experimental data are predicted to be in annular flow for all mass fluxes. Hence, 
the correlation by Shah (1979) is used for the rest of the condensation heat transfer 
coefficients. With the exception of the lowest quality at the lowest flow rate, the comparison 
between the experimental data and Nitheanandan et al. ( 1990) is the same as the comparison 
between the data and Shah (1979), which over-predicts all of the heat transfer data. This may 
also mean that the flow regime criteria described above are not accurate for small diameter 
tubes. 
Dobson and Chato (1998) 

Dobson and Chato ( 1998) developed a flow regime-based correlation for 
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condensation heat transfer inside horizontal tubes with diameters ranging from 3 .14 mm to 
7.04 mm. The two major modes of heat transfer selected by Dobson and Chato (1998) were 
gravity-driven and shear-driven. Gravity-driven heat transfer exists in wavy flow (i.e. 
stratified, stratified-way, and intermittent), while shear-driven heat transfer occurs in annular 
flow. To differentiate between the two modes of heat transfer, Dobson and Chato (1998) 
used the modified Froude number proposed by Soliman (1982), which is 38.36 for the 
annular flow baseline case. 

Similar to Rosson and Myers (1965), Dobson and Chato (1998) hypothesized that 
heat transfer in wavy flow is dependent on both laminar film condensation and liquid pool 
forced-convection. The forced convective heat transfer coefficient is as follows: 

Nuforced = 0.0195 · Re?·8 · Pri°-4 <!>1 (195) 

where: 

(196) 

For Fr1 s 0.7, the constants are as follows: 
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c1 = 4.172+ 5.48 · Fr1 -1.564 · Fri2 
c2 = l.773-0.169 · Fr1 

(197) 

For Fr1 > 0.7 , the constants c1 and c2 are 7.242 and 1.655, respectively. The liquid-phase 
Froude number is defined as follows: 

(198) 

Since the liquid Froude number is 12.65, the constants c1 and c2 are 7.242 and 1.655, 
respectively. This results in a two-phase multiplier of 5.526, which yields a forced-
convective Nusselt number of 103.98. 

The Nusselt correlation presented by Dobson and Chato ( 1998) for wavy flow is as 
follows: 

O 12 ( )0.25 [ ( )] N = 0.23·Rev~ Ga•Pr1 arccos 2•a-1 N 
u 058 --- + uforced 

l+l.ll·X1i Ja1 1t 
(199) 

Using Zivi's (1964) correlation for void fraction (which is 0.8164 for the annular flow 
baseline case), the two-phase Nusselt number is 84.33, which yields a condensation heat 
transfer coefficient of 3,791 W /m2 -K. 

The annular flow Nusselt number correlation developed by Dobson and Chato (1998) 
is as follows: 

Nu = 0.023 • Re?·8 • Pri°-4 (1 + 2·22 ] xo.s9 
tt 

(200) 

This Nusselt number is 126.4 for the baseline case, which yields a condensation heat transfer 
coefficient of 5,682 W/m2-K. 

Dobson and Chato ( 1998) also provide criteria for the applicability of their 
correlations. For mass fluxes above 500 kg/m2 -s, the annular flow correlation should be 
used. For mass fluxes below 500 kg/m2-s, the annular flow correlation should be used for 
modified Froude numbers (as defined by Soliman, 1982) greater than 20, while the wavy 
flow correlation should be used when the modified Froude number is less than 20. Since the 
modified Froude number is 38.26, the heat transfer coefficient is determined from the annular 
flow correlation, which is 5,682 W/m2-K. 

Figures 66-70 show the correlation of Dobson and Chato ( 1998) compared with the 
experimental data from the present study. Also included in Figures 66-70 is the wavy flow 
correlation presented by Dobson and Chato ( 1998). Their correlation over-predicts all of the 
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data. At the lowest mass flux, the wavy flow correlation by Dobson and Chato ( 1998) is 
selected based on the mass flux and Froude number criteria. The data, however, are still 
over-predicted by the wavy flow correlation. For the nominal mass flux of 300 kg/m2 -s, only 
the lowest two quality points use the wavy flow correlation, while the rest of the data are 
predicted by the annular flow correlation. For this mass flux, the data are still significantly 
over-predicted by the correlation. However, the wavy flow correlation under-predicts the 
data at higher qualities. The lowest quality point for the nominal mass flux of 450 kg/m2-s 
utilizes the wavy flow correlation, while the rest of the data are predicted by the annular flow 
correlation. Again, the data are over-predicted by the correlation in all cases, while the wavy 
flow correlation under-predicts the high quality data. For the nominal mass fluxes of 600 and 
750 kg/m2-s, the correlation utilizes the annular flow model, which over-predicts all of the 
data. However, the wavy flow correlation from Dobson and Chato (1998) under-predicts all 
of the data for these mass fluxes. 

Summary 
Although the comparisons with the literature for intermittent flow and annular flow 

presented here are for test sections C30 and C60, respectively, the results for the other 
circular microchannels test sections yielded similar results. The remaining comparisons are 
given in the Appendix D. 

The correlations presented above were selected to represent a wide range of 
approaches to predict condensation heat transfer coefficients. The gravity-driven correlations 
did not predict the intermittent data well, suggesting that they may not be applicable to the 
intermittent data on the microchannel test sections, essentially due to the absence of such 
stratified regimes for these tubes. The shear driven correlations of Chen et al. (1987) and 
Moser et al. (1998) predict the annular data very well, but the slight over-prediction at low 
qualities and under-prediction at high qualities needs to be addressed. The homogenous 
correlation of Boyko and Kruzhilin (1967) does predict the data well, but requiring different 
constants for different fluid/tube combinations is a concern. Although mist flow existed for a 
wide range of qualities and flow rates, the homogeneous correlation of Soliman (1986) over-
predicts the data, especially for high quality/mass flux situations, which are in the mist flow 
pattern. The correlations of Nitheanandan et al. (1990), and Dobson and Chato (1998) are 
flow regime-based, but they assume an abrupt change in the flow, as opposed to gradual, and 
generally over-predict the data. 

Heat Transfer Models 
In this section, condensation heat transfer models for annular, mist, and intermittent 
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flow are developed and compared with the experimental data. As described above, the 
degree of overlap in the flow regime increases with decreasing diameter. Thus, at first, 
models are developed for each flow pattern, followed by a quality-based averaging to 
account for the presence of multiple regimes for a data point. 

Circular Microchannels 
Annular Film Flow 

The annular film flow model presented here is based on the boundary layer analyses 
of Traviss et al. (1973) and Moser et al. (1998). In these models, entrainment is assumed to 
be negligible. Assuming incompressible, steady-state flow, an axial momentum balance on 
the liquid film for cylindrical coordinates results in the following: 

I d dP --(r · 1:) = - (201) 
r dr dz 

The shear stress is defined by: 
du 1:=µ-
dr 

(202) 

By definition, the shear stress is zero at r = 0. Therefore, after introducing the variable y = R 
- r (R is the fixed radius of the tube), the shear stress distribution can be expressed as: 

2- = 1-L (203) 
,:w R 

From the von Karman analogy between heat transfer and momentum, the shear stress can 
also be written as follows: 

In addition, the following turbulent boundary layer parameters are defined: 
+ u u =-* 

u 
* 

+ y·p, ·U y =---
µ, 

where the friction velocity is as follows: 

(204) 

(205) 

(206) 

(207) 
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* ftw u = -
P, 

Substituting these parameters into equation 4 and re-arranging results in the following: 
1-y+/R+ P1 ·Em =-----l 

µ1 du+/dy+ 

(208) 

(209) 

In annular flow, the film thickness is thin compared to the tube radius. Hence, the von 
Karman universal velocity profile for flat plate flow is assumed to be valid for the liquid film 
and is as follows: 

y+ 

u+= -3.05+5-lny+ 

5.5+2.5-lny+ 

if 8+ 5 

if 5 < 8+ 30 

if 8+ 30 

The dimensionless turbulent film thickness is defined as follows: 

8+ = 8-p1 · U * 

µ, 

Differentiating equation 210 with respect to l results in the following: ll if 8+ 5 
du+ = 5/ + if 5 < 8+ 30 d + y 

y 2.5/y+ if 8+ 30 

Substituting this into equation 209 results in the following (Moser et al., 1998): 

0 

(210) 

(211) 

(212) 

(213) 

The expressions for the laminar and buffer shear layers in equation 213 are simplified 
because the turbulent film thickness is small compared to the dimensional radius. 

Returning to the von Karman analogy between heat transfer and momentum, the heat 
flux is expressed as follows: 

q"=-(k+£h ·p·Cp)dT 
dy 

(214) 
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The turbulent dimensionless temperature is defined as follows: 
* 

T+ = P1 ·Cpl ·U (T- -T ) 
" J w q 

(215) 

Therefore, for a constant wall temperature over the circumference, equation 214 can be 
represented as follows: 

(216) 

Integrating equation 216 requires the knowledge of the turbulent film thickness. Traviss et 
al. (1973) obtained the following expression for the film thickness from continuity and a 
curve-fit while employing the von Karman velocity profile: 

10.7071 • Re?·5 if Re1 50 

o+ = 0.4018. Re?585 if 50 < Rel 1125 

0.095 • Re?·812 if Re1 > 1125 

(217) 

Hence, the turbulent temperature as a function of the turbulent film thickness is as follows: 

Traviss et al. (1973) approximated this as follows: 

10.707 · Pr1 • Re?5 

T+ = 5 · Pr1 + 5 · ln [Pr1 (o.09636 · Re?585 -1 )+ 1] 

5 · Pr1+ 5 · ln(5 · Pr1+ 1)+ 2.Sln(0.00313. Re?·812 ) 

if Re 1 ~5 

if 50 < Re1 1125 

if Re1 1125 

(218) 

(219) 

Assuming that the all of the heat is transferred in the liquid film, the condensation 
heat transfer coefficient is expressed as follows: 

q" P1 · Cpl · U * Cpl · 'tw h = ----=----= ----
(Tsat -Tw) T+ T+ 

(220) 
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Hence, the wall shear stress is required to calculate the condensation heat transfer coefficient. 
Traviss et al. (1973) used the Lockhart and Martinelli (1949) correlation to calculate the 
frictional pressure drop, which was used to find the wall shear stress. Coleman (2000) 
showed that his microchannel pressure drop data were severely over-predicted by the 
correlation of Lockhart and Martinelli (1949). In addition, it was previously shown that the 
heat transfer data in this study were over-predicted by the heat transfer correlation of Traviss 
et al. (1973), which is presumably due to the inaccuracy of the pressure drop correlation of 
Lockhart and Martinelli ( 1949). To remedy this, the pressure drop correlation presented by 
Coleman (2000) is used to calculate the wall shear stress. 

Coleman (2000) defines the interfacial shear stress as follows: 
1 G2 • x2 

't· = -f. -- (221) 
2 iPv•a2 

The void fraction is determined from the Baroczy (1965) correlation as follows: 

a~l1+(l~x )"74
(:; rt: rT (222) 

The interfacial friction factor is found from the following: 
fi = f, . c 1 . (xtt f 2 (223) 

The circular microchannel tube constants are as follows: 

[ ( ) 2 ]0.073 
C1 =0.45 g P, -;v o 

In Coleman (2000), the liquid friction factor is found from the Churchill ( 1977b) equation 
(see equation 41) using the actual liquid Reynolds number, i.e., the liquid phase flow area, 
rather than the entire tube cross-section, is used. Thus, this Reynolds number was calculated 
as follows: 

Re _ G(l- x)Dh 
J,act - (l ) µI -a 

(224) 

Figure 71 shows that the liquid Reynolds numbers used in Coleman (2000) to develop the 
interfacial friction factor model are all above 3000. In the present study, however, at the low 
mass flux cases, low (laminar) liquid phase Reynolds numbers caused a sudden, and perhaps 
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unrealistic switch in the friction factor and heat transfer coefficient, reflecting a potential 
change in liquid phase flow regimes. However, this causes a spurious increase in heat 
transfer coefficient with diameter near the transition between these two regimes. To avoid 
this problem, the present work utilizes the turbulent friction factor correlation of Colebrook 
(1939) to ensure that only turbulent friction factors are obtained within the range of data 
considered in this region, which is as follows: 

1 (E/D 2.51 ) 
=-2.0·loglO 3.7 + (225) 

For the annular film flow data points in Coleman (2000), the Churchill (1977b) and 
Colebrook ( 1939) are compared in Figure 72, which shows that the difference in friction 
factors is less than ±2% of the Churchill (1977b) equation. For the present study, the relative 
roughnesses for test sections C20, C30, and C60 are all O for computing the liquid friction 
factor (Coleman, 2000). 

The interfacial friction factor and shear stress are now used to determine the wall 
shear stress as follows: 
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Since R+ is a function of the wall shear stress, 'tw must be computed iteratively. 
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(226) 

Mist flow, as described by Coleman (2000), consists of a uniform vapor mist with 
entrained liquid droplets. As discussed previously, Soliman (1986) developed a correlation 
for mist flow, but this correlation appears not to be valid for tubes with small hydraulic 
diameters. The proposed method for determining the condensation heat transfer coefficient 
for mist flow is based partly on Soliman's (1986) correlation. 

The flow is assumed to be a homogeneous mixture of vapor and liquid, with both 
phases flowing at the same velocity. As in Soliman's (1986) correlation, the mixture 
Reynolds number is defined as follows: 

(227) 



www.manaraa.com

135 

The mixture viscosity is as follows: 

( x 1-x)-l 
µm= -+--

µv µI 
(228) 

As in Soliman's ( 1986) correlation, this mixture Reynolds number and the vapor Prandtl 
number are used as the basis for the condensation heat transfer coefficient correlation. The 
final form of the condensation heat transfer coefficient is as follows: 

kV . Nutp kV . Num,Churchill 
h 1 =----=C·------

P D D (229) 

The vapor thermal conductivity was selected for this equation because the mixture properties 
are closer to those of a vapor than a liquid due to the high qualities required for mist flow and 
the absence of a clearly discernible liquid film. The constant was found by comparing the 
mixture heat transfer coefficient (hm) with the experimental heat transfer coefficients in the 
present study for mist flow and near mist flow. (The near mist flow data included all points 
in the annular flow regime that are less than ~x = 0.15 from the upper annular film flow 
transition. This was done because only ten data points existed in the solely mist flow 
pattern.) Contrary to the annular flow model, the relative roughnesses determined 
experimentally in Coleman (2000) for test sections C20, C30, and C60 (0.0003, 0,0005, and 
0.0001, respectively) are used for the liquid Nusselt number and friction factor. The 
resulting constant was 4.987. 
Intermittent Flow 

Relatively few data points were collected in the purely intermittent regime in this 
study (3 out of a total of 82) for the three circular tubes under consideration. Therefore, .a 
linear interpolation between the liquid-only heat transfer coefficient at the end of the 
condensation process and the heat transfer coefficient at the beginning of the pure 
intermittent flow regime was used. For the tubes in this study, the two-phase flow regime 
changes from annular flow to intermittent flow to single-phase liquid flow with overlaps 
between these respective regimes during condensation. Hence, the lower limit of annular 
flow is the used as the upper limit of the pure intermittent flow regime. This interpolation 
scheme is as follows: 

hint = h10 + X (hann,low - h10) 
Xann,low 

(230) 

The liquid only friction factor and Nusselt number (and, therefore, h10 ) are calculated using 
the liquid only Reynolds number defined in equation 154 and the Churchill (1977b-a) 
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equations ( 41 and 72, respectively) with the relative roughness from Coleman (2000). The 
heat transfer coefficient at the lower limit of annular flow, required for this equation, is 
explained in the following section. 
Overall Model 

The annular, mist, and intermittent models presented above assume that only one flow 
regime is exhibited at a given combination of mass flux and quality. However, as stated 
previously, large regions of overlap between multiple flow regimes existed for the circular 
microchannel test sections. Consequently, interpolation schemes were used to calculate the 
condensation heat transfer coefficient for transitioning flow between multiple flow regimes. 

Figure 73 shows the possible two-phase flow zones during the condensation process 
for test section C30 (Dh = 0.761 mm). These zones are the same for test sections C20 and 
C60, with one notable exception. In Figure 57, we can see that for low mass fluxes, 
specifically the G = 150 kg/m2-s case, the flow pattern changes from annular to an undefined 
region to intermittent flow. In Coleman (2000), wavy flow existed for the 2 x 2 mm tube but 
not for the 1 x 1 mm tube. Since the hydraulic diameter for test section C60 ( 1.524 mm) is in 
between the diameters of these two tubes, this very small region could be wavy flow. 
However, the flow in this zone is assumed to be purely annular film for the present ~tudy. 

In Figure 73, the horizontal line at G - 470 kg/m2-s represents the distinction between 
two condensation paths and occurs .. when Xmist,low = Xint,up• Below this line, the flow changes 
from mist to mist/annular (where applicable) to annular to annular/intermittent to intermittent 
to single-phase liquid during condensation. Above this line, the flow path is different. No 
pure annular film flow exists, whereas intermittent/annular/mist flow is present. Therefore, 
the interpolation schemes depend on whether the Xmist,low < Xint,up or Xmist,low > Xint,up for the 
mass flux and hydraulic diameter under consideration. A brief description of each of the 
condensation zones is given in Table 7. 

In Zone 1, the flow is purely intermittent and equation 230 is used to find the 
condensation heat transfer coefficient. The heat transfer coefficient at the lower annular film 
flow limit is calculated as follows: 

h Xann,low ( h ) 
ann,Iow = h10 +--- hint,up - lo 

Xint,up 
(231) 

The heat transfer coefficient at the upper limit of intermittent flow is calculated using the 
annular film flow model at that quality. This equation also works for test section C60 
because the lower limit of annular film flow is equal to the upper limit of intermittent flow, 
i.e., there is no overlap between these two regimes for that test section. 
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Table 7. Description of Condensation Heat Transfer Zones in the Present Study 
Zone Description 

1 Intermittent 
2 Intermittent/ Annular Film 
3 Annular Film 
4 Annular Film/Mist 
5 Intermittent 
6 Intermittent/ Annular Film 
7 Intermittent/ Annular Film/Mist 
8 Annular Film/Mist 
9 Mist 

following interpolation equation is used for this region: 
X - Xann,low ( ) 

hint/ann = hann,low +------- hint.up -hann,low 
Xint,up - Xann,low 

(232) 

The heat transfer coefficients for the lower limit of annular film flow and the upper limit of 
intermittent flow for Zone 2 are the same as those described above for Zone 1. 

Zones 3 and 9 are both pure annular film and mist flows, respectively, and the 
corresponding models presented previously are used to find their heat transfer coefficients. 
Zone 4 represents the transition region between annular film and mist flows, and the 
interpolated heat transfer coefficient is calculated as follows: 

X - X mist low ( ) 
h ann / mist = h mist ,low + ' h ann ,up - h mist ,low 

X ann,up - X mist.low 
(233) 

The heat transfer coefficients at the lower and upper quality limits for mist and upper annular 
film flow, respectively, are calculated using the annular film and mist flow models. This 
ensures that the correct heat transfer coefficient is obtained at both extremes. 

Zone 5 is pure intermittent flow, but, unlike Zone 1, the flow does not directly change 
from intermittent to annular film. The heat transfer coefficient for Zone 5 is calculated using 
equation 230, but hann,low is calculated differently as follows: 

X ann,low ( ) h ann,low = h lo + ---- h mist ,low - h lo 
Xmist,low 

(234) 

The heat transfer coefficient at the lower limit of mist flow is calculated as follows: 

h h X mist,low (h h ) 
mist ,low = lo + --- int, up, total - lo 

Xint,up 
(235) 

At the intermittent upper quality limit, the flow is both mist and annular film, and the total 
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heat transfer coefficient is calculated as follows: 

X int.up - X mist,low (h- _ h . ) 
hint,up,total = hmist,low +------- mt.up m1st,low 

X ann,up - X mist.low 
(236) 

The local heat transfer coefficients at the mist lower limit and intermittent upper limit are 
found using the annular film and mist flow models, respectively. 

Zone 6 is both annular film and intermittent, and the corresponding heat transfer 
coefficient is calculated as follows: 

hint/ann = h10 + X (hmist,low - h1J 
Xmist,low 

(237) 

The heat transfer coefficient at the lower limit of mist flow is calculated using equations 235 
and 236. 

Zone 7 is intermittent/annular/mist flow, and the corresponding heat transfer 
coefficient is calculated as follows: 

X - Xmist,low ( ) 
hint/ann/mist = hmist,low +------- hint,up,total -hmist,Jow 

X int, up - X mist ,low 
(238) 

The total and local heat transfer coefficients at the upper limit of intermittent flow and lower 
limit of mist flow are calculated using equations 235 and 236. 

Zone 8 is a combination of annular and mist flows, with the heat transfer coefficient 
calculated as follows: 

X - Xint,up ( ) 
hann/mist = hint,up,total +-----"-- hann,up -hint,up,total 

Xann,up - Xint,up 
(239) 

The total heat transfer coefficient at the intermittent flow upper limit is calculated using 
equation 236, while the heat transfer coefficient at the annular film flow upper limit is 
calculated using the pure mist flow model. 

The models discussed above for annular, mist, and intermittent flow are compared 
with the condensation heat transfer data from the circular microchannels in Figure 74, with 
91 % of data predicted by the overall model within ±25% of the experimental value. 

Figures 75-79 show the present model compared with the experimental heat transfer 
coefficients (with their associated uncertainties) for test section C60 with nominal mass 
fluxes of 150, 300, 450, 600, and 750 kg/m2 -s. In general, these figures show good 
agreement between the experimental and predicted values. 
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Figure 81. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section C30 and G = 450 kg/m2 -s 
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Figure 82. Predicted and Experimental Condensation Heat Transfer Coefficients for 
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Test Section C30 and G = 750 kg/m2-s 
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Test Section C20 and G = 750 kg/m2 -s 

Figures 80-83 show the present model compared with the experimental heat transfer 
coefficients (with their associated uncertainties) for test section C30 with nominal mass 
fluxes of 300, 450, 600, and 750 kg/m2-s. In general, these figures show good agreement 
between the data and the model, although, as the mass flux increases, low quality points 
(intermittent/annular flow) are over-predicted. 

Figures 84-86 show the present model compared with the experimental heat transfer 
coefficients (with their associated uncertainties) for test section C20 for nominal mass fluxes 
of 450, 600, and 750 kg/m2-s. In general, these figures show good agreement between the 
model and the data. 

Figures 87-91 show the effect of hydraulic diameter for the mass fluxes of 150, 300, 
450, 600, and 750 kg/m2-s using the model developed in this study for an average test section 
pressure of 1,450 kPa. The three lines represented in these graphs correspond to test sections 
C20, C30, and C60. It should be noted that no data were taken for test section C20 for the 
nominal mass flux of 150 kg/m2 -s, and that only one point was taken for both test section 

C20 for a mass flux of 300 kg/m2-s and test section C30 for a mass flux of 150 kg/m2-s. 
Thus, the predictions for these two tubes at low mass fluxes are not expected to be very 
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reliable. 
For annular and mist flows (moderate to high qualities), the heat transfer coefficient 

increases with decreasing diameter. For lower qualities, the condensation heat transfer 
coefficients are relatively independent of diameter. However, as the mass flux is increased to 
450 kg/m2-s and beyond, the heat transfer coefficients for test section C60 are higher (in the 
low quality region) than for both test sections C20 and C30. Also, at the mass flux of 750 
kg/m2 -s, the heat transfer coefficients for test section C30 are higher than those for test 
section C20. This is the opposite of the expected trend, but it can be explained by examining 
the corresponding limiting liquid-only heat transfer coefficients. 

The ratio of the liquid heat transfer coefficients for test section C60 and test section 
C30 is as follows: 

hc6o = Dc30 . Nuc6o = 0.5. Nuc6o 
hc30 Dc6o Nuc30 Nuc30 

(240) 

For laminar flow, the heat transfer coefficient ratio is 0.5 because the Nusselt number is 
4.364 for both test sections. However, as the mass flux is increased, the liquid only Reynolds 
number changes from laminar to turbulent. The ratio of liquid-only Reynolds numbers 
between test sections C60 and C30 is approximately 2 due to the doubling of the hydraulic 
diameter. In other words, the single-phase Reynolds number for test section C60 could be 
turbulent while the flow is laminar for test section C30. For example, for a liquid-phase 
viscosity of 1.38 x 104 kg/m-s and G = 300 kg/m2 -s, the liquid-only Reynolds numbers 
(equation 154) for test sections C30 and C60 are 1,657 and 3,319, respectively. Also, the 
Churchill (1977b) friction factors (equation 41) for test sections C30 and C60 are 0.039 and 
0.043, respectively, while their Churchill (1977a) Nusselt numbers are 4.364 and 16.35, 
respectively. Using equation 40, the ratio of the liquid heat transfer coefficients for test 
section C60 and test section C30 is 1.87. Therefore, the limiting single-phase heat transfer 
coefficient can be higher for test section C60 than for test section C30 for the same mass 
flux, which explains this unexpected trend in the two-phase heat transfer coefficient. 

The model described above predicts 90% of the circular tube data in the present study 
to within ±25%. The range of validity for this model is as follows: 0.506 mm< D < 1.524 
mm, 150 kg/m2-s < G < 750 kg/m2-s, and 1,240 kPa < P < 1,725 kPa. Pressures outside this 
range may cause deviations between the model and data, especially as the critical pressure 
(4,059 kPa for R-134a) is approached, and application of the model beyond this range of 
diameters and mass fluxes could result in inexplicable trends. 
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Non-Circular Microchannels 
Annular Film Flow 

The annular flow models for the non-circular tubes are the same as the model for the 
circular tubes, with different constants and, for the triangular test sections T33 and W29, 
different equivalent diameters. The constants CI and C2 in equation 223 were given in 
Coleman (2000), and are shown here for both laminar and turbulent flow (Recrit - 2300) for 
test sections N21, S30, RK15, T33, and W29 in Table 8. For laminar flow, the friction factor 
is as follows: 

(241) 

The different values for the laminar friction factor constant for each tube are also given in 
Table 8. As shown later, the data for test section W29 are predicted well using the test 
section T33 constants; both of these tubes have the same triangular geometry, with W29 
using a corrugated insert, while T33 consists of extruded triangular ports. 

The diameters used in the model for the non-circular tubes were simply the hydraulic 



www.manaraa.com

151 

Table 8. Non-Circular Test Section Annular Film Flow Constants for Laminar and 
T b I t L" . d Fl (C I 2000) ur uen IQUI ow oeman 

Tube C1 C2 C1 C2 fRe 
(laminar) (laminar) (turbulent) (turbulent) (laminar) 

N21 1.060 0.356 0.664 0.239 57 
S30 0.821 0.378 0.525 0.340 57 

RK15 1.749 0.461 1.210 0.352 69.4 
T33 2.663 0.300 0.816 0.314 53 

W29* 2.663 0.300 0.816 0.314 53 
*assumed that constants for test section T33 are valid for this test section also 

diameters for test sections N21, S30, and RK15. The diameters for the two triangular test 
sections (W29 and T33) are the diameters of the largest inscribed circles within one 
microchannel. Figure 92 shows the cross section of one rnicrochannel for T33 (or an 
approximation for test section W29) with the equivalent circle inside. The equivalent 
diameters for test sections T33 and W29 are 0.6614 mm and 0.5724 mm, respectively, 
whereas the corresponding hydraulic diameters were 0.839 mm and 0.732 mm, respectively. 
Table 9 shows the hydraulic and equivalent diameters for the 6 non-circular tube geometries. 

Table 9. 

Figure 92. 

Hydraulic and Equivalent Diameters for the Non-circular Tubes 

Tube 
Db, De, 
mm Mm 

S30 0.762 0.762 

RK15 0.424 0.424 

T33 0.839 0.661 

W29 0.732 0.572 

B32 0.799 0.799 

N21 0.536 0.536 

Db= 0.6614 mm 
1.06 mm 

Cross-Section of One Channel for Test Section T33 with Largest 
Inscribed Circle 
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Mist Flow 
The mist flow models for the non-circular tubes are the same as the circular tube 

models with different multiplication constants (see equation 229) for each tube. The 
constants for test sections N21, S30, RK15, T33, and W29 are shown in Table 10. Again the 
equivalent diameters were used for the models, but the actual relative roughness, also given 
in Table 10, were used for the friction factor and Nusselt number calculations. 

Table 10. Mist Flow Constants and Relative Roughness (Coleman 2000) for the Non-
Circular Test Sections 

Tube C EID 
N21 6.512 0.0030 
S30 4.437 0.0009 

RK15 4.908 0.0390 
T33 6.251 0.0065 
W29 3.560 0.0950 

Intermittent Flow 
No data in the purely intermittent regime were collected for the non-circular tubes 

under consideration. Hence, the interpolation technique that was used for intermittent flow 
in the circular tubes ( equation 230) is also used for each non-circular tube. 
Overall Model 

Since large overlaps in the flow regime exist for the tubes in the present study, the 
quality-based averaging techniques used for the circular tubes are also used for the 
microchannel tubes. Using the equivalent diameters for each tube, the circular tube 
interpolation schemes (equations 231-239) are coupled with the non-circular annular film, 
mist, and intermittent heat transfer models to arrive at the overall models. 

Figure 93 shows the predicted heat transfer coefficients versus the experimental heat 
transfer coefficients. Although 84% of the experimental values are predicted within ±30%, 
the deviations can, in part, be explained by examining the uncertainty in the experimental 
values. 
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Figures 94-97 show the present model compared with the experimental heat transfer 
coefficients (with their associated uncertainties) for test section N21 for nominal mass fluxes 
of 300, 450, 600, and 750 kg/m2-s. At G = 300 kg/m2-s, these two points were under-
predicted by the model significantly, but only slightly outside the range of experimental 
uncertainties in the data. The rest of the data are predicted well by the model. 

Data for test section S30 are compared with the non-circular tube model in Figures 
98-101 for nominal mass fluxes of 300, 450, 600, ad 750 kg/m2-s. In general, the data are 
predicted well by the model. However, there is over-prediction of the data at the two highest 
mass fluxes and lowest qualities. 

Test section RK15 data are compared with the model in Figures 102 and 103 for 
nominal mass fluxes of 600 and 750 kg/m2-s. The data are over-predicted (outside the 
experimental uncertainty) for low qualities, and predicted well for high qualities, for both 
mass fluxes. However, very little data were taken for this tube (10 data points) due to the 
comparatively low mass flow rate required. 

Figures 104-108 sow the experimental data for test section T33 compared with the 
model for the nominal mass fluxes of 150,300,450, 600, and 750 kg/m2-s. For G = 150 and 
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300 kg/m2-s, the data are under-predicted by the model. However, most of the model 
predictions are within the experimental uncertainty, which is quite high for the lowest mass 
flux. The remaining data are, in general, predicted well by the model. 

Test section W29 data are compared with the non-circular tube model in Figures 109-
113 for the nominal mass fluxes of 150,300,450, 600, and 750 kg/m2-s. In general, the data 
are predicted well by the model. 

As stated above, the data for test section B32 seemed to have errors. Therefore, it is 
tentatively recommended that the circular tube model be used for predicting the test section 
B32 heat transfer coefficients. Although this recommendation is put forth with caution, the 
geometry of test section B32 (elliptical cross-section) is not too different than that of a 
circular microchannel. 

Figures 114-118 show the effect of tube shape for test sections N21, S30, RK15, T33, 
and W29 for the nominal mass fluxes of 150 (except for test section RK15), 450, and 750 
kg/m2-s and an average test section pressure of 1,450 kPa. The non-circular model was 
compared to the circular model in each of these graphs for the same effective diameter and 
relative roughness. 

As seen in Figure 114, the N-shape cross-section increases the heat transfer 
coefficient from the corresponding circular channel. This effect increases as the mass flux 
increases. Figure 115 shows that the square tube heat transfer coefficients are nearly the 
same as for a circular tube with the same diameter. This is consistent with the comparison 
between the data for test section S30 (Dh = 0.762) and C30 (Dh = 0.761 mm) given earlier 
(see Figures 43-47). In Figure 116, the rectangular tube has much larger heat transfer 
coefficients than a circular tube with the same diameter and roughness. Compared with a 
circular tube with the same equivalent diameter, test section T33 (Figure 117) has higher heat 
transfer coefficients. If this tube model was compared with a circular tube with a similar 
hydraulic diameter (such as test section C30) the increase would be even greater. Similarly, 
a W-shaped tube (Figure 118) yields higher heat transfer coefficients than a circular tube of 
the same effective diameter (0.5724 mm) at low qualities and mass fluxes. However, as the 
mass flux is increased, the W-shaped tube results in lower heat transfer coefficients than the 
circular tube at qualities greater than about 0.3. This roughly coincides with the beginning of 
the mist flow regime. The difference in mist flow constants for test section W29 (3.56) and 
the circular tube model (4.987) accounts for this decrease at high mass fluxes and qualities. 

Figure 119-121 show a comparison of the heat transfer coefficients in the different 
non-circular tubes N21, RK15, S30, T33, and W29 for the mass fluxes of G = 150, 450, and 
750 kg/m2 -s, respectively. Consistent with the experimental data, the effects of geometry 
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predicted by the models are small at low local vapor qualities. As the quality increases, test 
sections T33 and W29 have higher heat transfer coefficients, with test section T33 having 
slightly higher values that test section W29. For test sections N21 and RK15, the model 
predicts similar values to those of test section T33 and W29, with test section RK15 slightly 
higher for higher qualities. 

The non-circular models have the same range of applicability as the circular model. 
The mass flux range is 150 kg/m2 -s < G < 7 50 kg/m2 -s, and the test section pressure range is 
1,240 kPa < P < 1,725 kPa. However, since no data were collected for G = 150 and 300 
kg/m2-s for test section RK15, the model is not expected to provide accurate results for low 
mass fluxes for this tube. 

I. 
C1) 30000 .... en .-

25000 
I. I 

I-NE i 20000 
J: .._. 
c c 15000 
0 .9! 

.2 10000 en :i: 
C C1) 
C1> O 5000 "C 0 
C 

-

0 
0 0 

0.0 

• 
0 

Experimental 
Overall Model 

+ t -

..I.. 
0 

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 94. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section N21 and G = 300 kg/m2-s 



www.manaraa.com

I., 

a> 30000 
i;; 
C Q' 25000 
(,s I 
I..N i 20000 
a> -
J: .,. 15000 
C C 
0 .! 

.2 10000 (/) =; 
C 0 

0 5000 
C 

r--

0 
0 0 

0.0 

• 
0 

t 
0 

156 

Experimental 
Overall Model 

... 

6 I I 10 
I I l 

b 

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 95. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section N21 and G = 450 kg/m2-s 

I., 
a> 30000 ..... 
(/) .-.. 
C 25000 (,s I 
I..N 
I- E m 20000 
a> -J: .,. 15000 C C 
0 .! 

.2 10000 (/) = C a> 8 5000 
C 

-

0 
0 0 

0.0 

• 
0 

Experimental 
Overall Model 

) 
I 

11 • r r 
I 11 

9 I 

T' 
... 

Q ...... 

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 96. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section N21 and G = 600 kg/m2 -s 



www.manaraa.com

'-Cl) 30000 
1ii 
C 25000 C0 I '-N 
t- E «s 20000 
Cl) ._.. 

J: ,... 15000 
C C 
0 .! 

0 co ·- 10000 u, :i:: 
C Cl) 
Cl) O 5000 "'C 0 
C 
0 
0 0 

0.0 

• 
0 

Q 

157 

Experimental 
Overall Model 

s 
10 

() 
I ' 

.¥ ' 
- 1::: 

.L -

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 97. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section N21 and G = 750 kg/m2-s 

'-Cl) 14000 .... 
12000 

C0 I '-N 
I- E 10000 .......... f 8000 ... 
C C o .! 6000 

0 co ·-u, :t: 4000 
C Cl) 
Cl) 0 

"'C O 2000 
C 

-

0 
0 0 

0.0 

• 
0 

Experimental 
Overall Model 

,, 
0 

1 ) 'i l 
11 -• u 

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 98. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section S30 and G = 300 kg/m2 -s 



www.manaraa.com

I.. 
Cl) 

'I--
14000 

Q' 12000 
C0 I 
I..N 
I- E 10000 
co 
Cl) - 8000 :::c ..., 
C C o .!!! 6000 
; (.) 

co !E 4000 u, Cl) 
C 0 _g O 2000 
C 

-

0 
0 0 

0.0 

• 
0 

158 

Experimental 
Overall Model 

:;:: 

0 ... 
! ! l 

'C -

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 99. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section S30 and G = 450 kg/m2-s 

I.. 
Cl) 14000 

'I--

Q' 12000 
C0 I 
I..N 
I- E 10000 m~ :::C :;:- 8000 
C C o .!!! 6000 
; (.) 

co !E 4000 u, Cl) 
C 0 _g O 2000 
C 

-

0 
0 0 

0.0 

• 
0 

j 
I 

Experimental 
Overall Model , F' 

-
0 

0 0 
0 0 ... 

It 0 
0 

0 T -
I I ,-

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 100. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section S30 and G = 600 kg/m2-s 



www.manaraa.com

I., 
(J) 14000 .... 

12000 cu I 
I. N 
t- E 10000 m~ J: ._ 8000 .... 
C C o .! 6000 

; 0 
cu :t: 4000 
"' (J) C 0 

0 2000 
C 

-

0 
0 0 

0.0 

• 
0 

159 

Experimental == 
11 
I > 

Overall Model 
a: 0 

I I 
0 

> 0 .. 
r 4 

V • 
0 + . -
! 

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 101. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section S30 and G = 750 kg/m2-s 

I., 
(J) 30000 .... 
u, 
C 25000 CU I 
I. N 
t- E cu 20000 
(J) ._ 

J: ..., 15000 C C 
0 .! 
; o 10000 

C 0 
0 5000 

C 

-

0 
0 0 

0.0 

• 
0 

Experimental 
Overall Model 

"' 

,~ 
0 0 

C u 
0 4 

t 

0.2 0.4 0.6 0.8 1.0 

Quality 
Figure 102. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section RK15 and G = 600 kg/m2 -s 
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Figure 103. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section RKlS and G = 750 kg/m2-s 
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Figure 104. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section T33 and G = 150 kg/m2 -s 
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Figure 105. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section T33 and G = 300 kg/m2 -s 
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Figure 106. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section T33 and G = 450 kg/m2 -s 
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Figure 107. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section T33 and G = 600 kg/m2 -s 
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Figure 108. Predicted and Experimental Condensation Heat Tran sf er Coefficients for 

Test Section T33 and G = 750 kg/m2-s 
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,Figure 109. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section W29 and G = 150 kg/m2 -s 
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Figure 110. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section W29 and G = 300 kg/m2 -s 
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Figure 111. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section W29 and G = 450 kg/m2 -s 
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Figure 112. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section W29 and G = 600 kg/m2 -s 
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Figure 113. Predicted and Experimental Condensation Heat Transfer Coefficients for 

Test Section W29 and G = 750 kg/m2-s 
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Figure 114. Comparison of Heat Transfer Coefficients in N-shaped and Circular 

Tubes for G = 150, 450, and 750 kg/m2-s 
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Figure 115. Comparison of Heat Transfer Coefficients in Square and Circular Tubes 

for G = 150, 450, and 750 kg/m2 -s 
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Figure 116. Comparison of Heat Tran sf er Coefficients in Rectangular and Circular 

Tubes for G = 450 and 750 kg/m2-s 
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Figure 117. Comparison of Heat Transfer Coefficients in Triangular and Circular 

Tubes for G = 150,450, and 750 kg/m2-s 
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Figure 118. Comparison of Heat Transfer Coefficients in W-shaped and Circular 

Tubes for G = 150, 450, and 750 kg/m2-s 
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Figure 119. Effect of Tube Shape on Heat Transfer Coefficient, G = 150 kg/m2-s 
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Figure 120. Effect of Tube Shape on Heat Transfer Coefficient, G = 450 kg/m2-s 
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Figure 121. Effect of Tube Shape on Heat Transfer Coefficient, G = 750 kg/m2-s 
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CHAPTER SIX: CONCLUSIONS 

In the present study, innovative heat duty and heat transfer coefficient measurement 
techniques were used to determine local heat transfer coefficients for R-134a condensing 
inside small hydraulic diameter tubes. The geometries included 3 circular tubes and 6 non-
circular tubes (barrel, N-shaped, rectangular, square, and triangular extruded tubes, and a 
triangular corrugated insert tube) with hydraulic diameters ranging from 0.424 mm to 1.524 
mm. The heat transfer coefficients were determined for local vapor qualities ranging from 
0.05 to 0.95 and a mass flux range of 150 < G < 750 kg/m2-s. An uncertainty analysis 
showed that most of the heat transfer coefficients were known to within ±30%. For all but 
the barrel-shaped tube, the heat transfer coefficients increased with quality and mass flux. 
The data for the barrel-shaped tube are presumed to be in error: either the low mass flux data 
are incorrect or the high mass flux data are incorrect. 

The effect of hydraulic diameter on local condensation heat transfer coefficients was 
documented for the three circular tubes (Dh = 0.506 mm, 0.761 mm, and 1.524 mm). Little 
effect of hydraulic diameter was seen for qualities below about 0.45. Above this value, the 
heat transfer coefficient increased about 10% to 40% as the diameter decreased from 1.524 
mm to 0.761 mm to 0.506 mm. This phenomenon can be mainly attributed to the expansion 
of the annular flow regime at smaller diameters, especially the mist flow pattern. As 
observed by Coleman (2000), no discernible liquid film exists for the mist flow pattern. As 
the liquid film surrounding the vapor core thins (from more entrainment or increased vapor 
inertia), the resistance to heat transfer decreases, thereby increasing the heat transfer 
coefficient (Soliman, 1986). 

To document the effect of geometry on condensation heat transfer coefficients, the 
barrel (Dh = 0.799 mm), square (Dh = 0.762 mm), and triangular (Dh = 0.839 mm) extruded 
tubes and the triangular corrugated insert tube (Dh = 0.732 mm) data were compared with 
data for a circular tube of a similar hydraulic diameter (Dh = 0.761 mm). Overall, the 
triangular extruded and corrugated insert tubes seem to have the highest heat transfer 
coefficients, with the effect of tube shape not being very significant for the other test 
sections. However, the large pressure drops in these two test sections (as high as 210 kPa for 
test section for the corrugated insert) led to steep drops in the refrigerant saturation 
temperatures across the test section. This invariably lowered the LMTD for the tests, and in 
turn decreased the accuracy of the calculated UA values. 

The work of Coleman (2000) was used (and extrapolated to develop curve fits for 
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transition lines) and thus designate the prevailing flow regime for a given combination of 
mass flux, quality, and diameter. Three flow regimes were possible: wavy flow, intermittent 
flow, and annular flow, which can be further sub-divided into the annular film and mist flow 
patterns. Wavy flow comprised an insignificant portion of the test matrix for present study, 
and was therefore neglected. For the range of diameters in the present study, large flow 
regime overlaps occurred throughout the condensation path. For example, only a small 
portion of the data exhibit only one kind of flow pattern (3.65% of the total data sets in 
intermittent, 19.5% in annular, and 12.2% in mist). Similarly, a small portion of the data are 
in transition regions adjacent to intermittent flow (11 % in intermittent/annular and 3.65% in 
intermittent/annular/mist). However, 50% of the data are in annular/mist transition flow. 

For comparison with the literature, the circular tube data were divided into two sets: 
intermittent and annular. The gravity-driven correlations of Chato (1962), Jaster and Kosky 
(1976), and Rosson and Myers (1965), as well as the horizontal intermittent model of Tien et 
al. (1988), did not successfully predict the intermittent data set, essentially due to the absence 
of such stratified regimes for the circular tubes considered here. The annular flow data were 
compared with various shear-driven and homogenous correlations. The shear-based 
correlations of Traviss et al. (1973), Cavallini and Zecchin (1974), and Shah (1979) over-
predicted all of the circular tube data. The shear driven correlations of Soliman et al. ( 1968), 
Chen et al. (1987), and Moser et al. (1998) predict the annular data very well, but there is 
slight over-prediction at low qualities and under-prediction at high qualities. The 
homogenous correlation of Boyko and Kruzhilin ( 1967) does predict the data well, but 
requiring different constants for different fluid/tube combinations is a concern. Although 
mist flow existed for a wide range of at qualities and flow rates, the homogeneous correlation 
of Soliman (1986) over-predicts the data, especially for high quality/mass flux situations, 
which are in the mist flow pattern. All of the circular data were compared with the flow 
regime-based correlations of Nitheanandan et al. (1990), and Dobson and Chato (1998), but 
they assume an abrupt change in the flow, as opposed to gradual, and generally over-predict 
the data. 

Condensation heat transfer models for annular, mist, and intermittent flow were 
developed for both the circular and non-circular tubes. Quality-based averaging accounted 
for the presence of multiple regimes for a given condition. The annular film flow model was 
an adaptation to the boundary layer approach of Traviss et al. ( 1973), where the present study 
proposes the microchannel pressure drop correlation of Coleman (2000) be used to estimated 
the friction velocity. Similar to the approach of Soliman (1986), the mist flow heat transfer 
coefficient is predicted using a constant multiplier (different depending on geometry) to the 
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mixture Churchill (1977a) Nusselt number. The intermittent flow heat transfer coefficient 
was calculated using a linear interpolation between the liquid only heat transfer coefficient 
corresponding to the end of the condensation process, and the annular flow-based heat 
transfer coefficient at the upper boundary of the intermittent regime. Using the quality-based 
averaging techniques, the models predicted 90% of the circular data to within ±25% and 84% 
of the non-circular data to within ±30%. The range of validity for these model is as follows: 
0.424 mm< D < 1.524 mm, 150 kg/m2-s < G < 750 kg/m2-s, and 1,240 kPa < P < 1,725 kPa. 
Pressures outside this range may cause deviations between the model and data, especially as 
the critical pressure (4,059 kPa for R-134a) is approached. Application of the model beyond 
this range of diameters and mass fluxes could result in inexplicable trends. 

The flow regime-based correlations developed in the present study lead to better 
prediction of R-134a condensation heat transfer coefficients inside microchannel tubes, 
which should lead to more accurate design of condensers. It is expected that this will enable 
the development of smaller, more efficient condensers that use less material and refrigerant 
charge. 
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APPENDIX A: TEST SECTION DATA POINT RANGES 
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APPENDIX B: FLOW TRANSITION EQUATIONS 
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Annular Film Flow Lower Limit 

where: 

G~a+b·ln(x) 

2 a= -89.59- 23.76 · Dh + 34.56 · Dh 

2 b = 12.57-197.6 · Dh + 10.77 · Dh 

Annular Film Flow Upper Limit 

where: 

Mist Flow Lower Limit 

where 

b = 614504 · e-l.l43 l·Dh 

b G~a+-
x 

a= -1075 + 1446 · e-0-119·Dh 

b = -671.59 + 680.3 · e0·10275·Dh 
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APPENDIX C: NON-CIRCULAR TUBE FLOW REGIME 
MAPS 
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APPENDIX D: CIRCULAR TUBE COMPARISON WITH 
LITERATURE 
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Figure D9. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C20 at G = 450 kg/m2 -s 
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Figure D10. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C20 at G = 600 kg/m2 -s 
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Figure D11. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C20 at G = 750 kg/m2-s 
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Figure D12. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C30 at G = 300 kg/m2 -s 
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Figure D13. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C30 at G = 450 kg/m2 -s 
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Figure D14. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C30 at G = 600 kg/m2 -s 
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Figure D15. Flow Regime-Based Correlations and Experimental Heat Transfer 

Coefficients for Test Section C30 at G = 750 kg/m2-s 
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